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1
GREEN TRAIN NOISE – BACKGROUND AND PURPOSE
The purpose of the Green Train (Gröna Tåget) project is “to strengthen the
competence to develop the next generation high speed trains for northern European
and in particular Swedish demands”. Two important requirements for next generation
train solutions are “improved comfort and passenger environment” and “improved
environmental performance”. Acoustic noise is an important aspect of both these
requirements. The great challenge is to meet the acoustic requirements in parallel with
other often opposing requirements such as increased speed, increased traction system
power, reduced weight and increased structural stiffness.
1.1
Pass-by railway noise
International legislation has and will give stronger and stronger demands for low
noise disturbances from the railway to society. At speeds up to ca 250 km/h the noise
caused by the wheel/rail contact is dominant. At higher speeds aerodynamically
generated noise, caused by for instance the air-flow around the pantograph, becomes
increasingly important. One of the project aims is to identify and rank the sources of
external pass-by noise at different speeds. Another purpose is to investigate the effect
of some measures to reduce the railway pass-by noise. A number of questions need to
be answered. – How large pass-by noise reduction can be expected if the train is
equipped with bogie skirts? – Does increased rail vibration dissipation reduce the
rail’s contribution to the pass-by noise? – What is the effect of a low, track-close nonintrusive screen installation? – Is it possible to design the screens to “optimize” the
effect in specific frequency ranges? What is the noise reduction potential of tuned rail
absorbers? Etc.
1.2
Pass-by sound quality
The Green Train Noise project also contains two investigations on the annoyance
caused by railway pass-by noise. In the first study the response of different persons in
a jury to pass-by noise from different types of rail vehicles is compared. Is the noise
from certain types of rail vehicles preferable to the noise from other types? Can we
find quantitative descriptors that measure the pleasantness of pass-by noise? In the
second study the jury response to railway pass-by noise “filtered” by a low track-close
screen is investigated. Is the “filtered” noise more pleasant than the unfiltered? Is it
possible, one can ask, to modify the pass-by noise with a screen to achieve a more
pleasant noise?
1.3
Internal railway sound
Passengers and working staff are expected to have stronger requirements on a nondisturbing acoustic environment inside the train in the future. Traditionally the vehicle
generated sound measured inside the vehicle is divided in two parts depending on the
transmission path – the air-borne and – the structure-borne part. This is relevant at
such low speeds (say below 250 km/h) that the aerodynamic sources are insignificant.
Since the structure-borne component is very complicated in terms of different wave
types as well as of transmission paths the focus has been on identifying and ranking
the different structural transmission paths from the bogie into the carbody interior.
Suspension parameters like bushing stiffness can have a significant effect on interior
noise. Furthermore, new technologies intended for other purposes – e.g. the active
radial steered bogie and the permanent magnet motor can have an effect on the
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interior noise. Also the bogie skirts, primarily intended to reduce the exterior noise
emission, can influence the interior noise.
Today, for intercity trains operating at speeds 200-250 km/h a typical target
interior noise level lies in the range 65-68 dB(A). It shall be noted that the actual noise
level will depend greatly on the track quality and that the contractual noise levels are
specified under given conditions, which normally includes a rather good track. The
experience is that it is not useful to reduce the interior noise level much below
65 dB(A). This could be a challenging but reachable target for trains travelling at
250 km/h.
1.4
Internal railway sound: Passenger annoyance
The sound levels train passengers are subject to are by no means high enough to cause
hearing impairment. Nevertheless, from a competitivity perspective it is very
important to be able to offer the passengers an acoustically attractive journey. For this
reason methods to quantify and avoid annoying sounds typical for railway passenger
compartments have been discussed.
The dominating rolling noise introduces a masking sound which helps to
achieve a pleasant acoustic environment. The key is to achieve a balance between
privacy and conversation intelligibility. It is foreseeable that sound quality aspects
will become more important in target setting for interior noise in the future. The blunt
dB(A)-value will then be replaced or complemented by other metrics. A fully realistic
alternative is also that the interior sound can be engineered, auralised and listened to
by clients in a sound studio before the train is built.
2
GREEN TRAIN NOISE – TEST SITE AND RUNNING GEAR
The Green Train noise tests were performed during the field test session close to
Härlanda in August 2006. Apart from the presence of vegetation (trees) close to the
reference microphones the site selected was considered ideal for acoustic
measurements.

Figure 1 The two car Regina converted for tests.
For practical reasons it was not possible to modify the front of the Regina train
(intended for speeds around 200 km/h) giving it a better aero-dynamic and aeroacoustic design. The trainset used in the tests is a modified two car EMU, see figure 1.
It has eight axles and all of them are driven. The brake discs are mounted on the
wheels, which introduces some damping and reduction of rolling noise emission. The
wheels have a low noise design, including a straight web to minimize the cross
coupling between vertical and axial vibration. They also have small radius, thick web
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and a massive transition between web and rim. All these features are beneficial to
reduce the number of radiating modes in the frequency band of interest. Figure 2
shows the bogie skirt and figure 3 the bogie.

Figure 2 Bogie skirt installed on the leading bogie to reduce noise emission from the
bogie region.

Figure 3 The tested bogie adapted to 250 km/h.
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3
GREEN TRAIN NOISE – RESULTS
In this chapter the results of the Green Train noise investigations is briefly
summarized. More extensive and detailed descriptions are given in Appendices A to F.
3.1

Pass-by railway noise – Results

3.1.1 Pass-by noise source identification
A 96 microphone array (or “acoustic camera”) was used to identify the location of
noise sources and to compare the relative effect of different mitigation measures
during pass-by at high speeds. The figures below are examples on the kind of
illustrative results this tool produces. Aero-acoustic sources like the pantograph and
the leading bogie clearly show up in these pictures in addition to the wheel-rail rolling
noise. Even though it is not straightforward to derive the acoustic source strength
from the array plots it is efficient to make relative comparisons between
configurations and evaluate the effectiveness of mitigation measures. For instance the
results showed that bogie skirts reduce the noise emission from the shielded bogie by
2 – 3 dB(A). In combination with tuned rail dampers the total effect is as much as
5 dB(A) and with low trackside barriers an even higher effect, say 6-7 dB(A), can be
achieved. In appendix E details more details on the acoustic array measurements are
given.

Figure 4 The 96 microphone array (“acoustic camera”) used for the source
identification.
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Figure 5 Microphone array sound contour plots for Gröna Tåget running at 275 km/h. Upper – with bogie skirt on
leading bogie. Lower – without bogie skirt.
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3.1.2 Measures to reduce railway pass-by noise
The measured results from four different techniques to reduce the pass-by noise are
reported in the sections below. It should be remembered that the roughness of the
wheel and rail surfaces is the major source of rolling noise which normally dominates
the sound generated even at speeds as high as 250 km/h. The sound level difference
between smooth surfaces and rough surfaces have been reported as high as 12 dB(A).
Hence, taking measures to secure smooth rolling contact surfaces is very important to
achieve low pass-by sound levels. Also, when comparing the effects of different noise
control measures it must be remembered that if different trains are tested the
comparison can be affected by individual differences in rolling contact surface
roughness.
3.1.2.1 Increased rail vibration losses
An isolated increase of rail losses does not affect the rail’s contribution to the wayside
noise. The reason is that increasing losses only reduces the reverberant (free vibration)
part of the rail vibration. Since the contribution of the reverberant rail vibration to the
pass-by noise is insignificant increasing the rail losses does not help. Hence to reduce
the rail’s contribution to the wayside pass-by noise, a reduction of the rail vibration
amplitude, the rail’s noise radiating area or its acoustic radiation efficiency must be
achieved.
Sound pressure level
Low-loss rail

High-loss rail

Train approaches

Train leaves
Time

Figure 6 Effect on pass-by noise of increasing rail vibration losses (dissipation).
Sound pressure level versus time during pass-by. Solid: Untreated rail with low
vibration losses. Dashed: Same rail with increased vibration losses. An isolated
increase of the losses only influence the noise received as the train approaches and
leaves.
3.1.2.2 Low screens close to track
Wayside noise reduction with low, non-intrusive screens placed close to the track are
efficient for frequencies above say 500 Hz. Measured insertion losses (sound pressure
level difference between pass-by without screen and pass-by with screen) for
frequencies up to ca 4 kHz show values between 3 dB and 9 dB depending on train
type, speed and frequency band. A typical result is shown in figure 7.
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Figure 7 X2000 speed 185 km/h. Insertion loss (difference in sound pressure level
without and with screen) in third octave bands. Solid – distance 7.5 m, 1.2 m above
rail surface. Dashed – distance 7.5 m, 3.5 m above rail surface. Dotted – distance 25
m, 3 m above rail surface.
The screen efficiency depends to a large extent on where the acoustic sources are
located. – Low efficiency for sources high on the train, i e on the roof. High efficiency
for sources located low in the wheel/track region. Due to its limited height the low
screen is only efficient for sources in the track-wheel-bogie region. To reduce the
negative effect of reflections between the screen and the coach side it is important to
provide the screen with some acoustic absorption. The particular screen tested in this
evaluation is mounted on the rail and the trackbed surface. Compared to traditional
techniques this solution is inexpensive.
3.1.2.3 Tuned rail dampers
Tuned rail dampers exist in a number of commercially available versions. One
example is Tata Steel’s SilentTrack™ system that was tested within the Green Train
project. In principle a tuned damper is a mass-spring-damper system tuned to a
frequency where the damping should be maximal. Measurements with the acoustic
camera show a 2-3 dB(A) reduction when the tuned rail damper system is used in
isolation and a 5 dB(A) reduction in combination with bogie skirts.
3.1.2.4 Bogie skirts
Bogie skirts were introduced on the leading bogie. The bogie skirt in the tests reaches
slightly below the wheel axle. It shall be noted that the available space to attach a
bogie skirt on an existing train (like in this case) is very limited. In order to achieve a
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substantial shielding effect in the tests the bogie skirt was designed for the nominal
wheel radius and nominal suspension properties. In a real application the skirt will
have to cover a range of these without interference. On the other hand, when
designing a new train it should be possible to account for the needed space already in
the bogie and carbody design so the tested shielding area realistic. In order to have a
substantial noise reduction (2 dB) a bogie skirt should extend down to the wheel axle
but this depends to some extent on the relation between wheel and rail noise since a
bogie skirt has very little effect on rail noise.

Figure 8 Detail of bogie cross-section with depth of bogie skirt marked by horizontal
red line.
The skirts are beneficial both for smoothening the air flow around the bogies and thus
reducing the aerodynamic noise but also for reducing the wheel noise by reducing the
exposed wheel area. A 2-3 dB(A) sound reduction was detected in front of the
shielded bogie on track without treatment and 5 dB(A) on track with added tuned
dampers (SilentTrack). In the speed range considered the main effect is believed to
come from the shielding of rolling noise.
The most effective solution is the combination of low trackside screens and
vehicle mounted bogie skirts. In a way this is a way of ”sharing the burden” between
track and vehicle. Ideally there shall be no gap between the barrier and skirt vertically
in order to avoid sound from the bogie area to be radiated to the wayside. The noise
reduction for this combination is more than 5 dB(A).
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Figure 9 Bogie skirt installed on the leading bogie.
3.2
Internal sound – Results
An extensive investigation on the structure-borne sound transmission path from the
bogie into the carbody interior was carried out with the purpose to rank the
importance of the 11 coupling elements connecting the bogie with the carbody interior,
see Appendix D. A combination of vibration measurements on a stationary and
running vehicle were fed into a mode using inverse method to calculate the interface
force and input power. The most prominent sound transmission was found to be
through the vertical damper and the yaw damper, see Figure 10.
Vertical damper

Air spring

Lateral damper

Traction link

Anti-roll-bar

Yaw damper

Figure 10 Gröna Tåget bogie with bogie-carbody interface elements highlighted.
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Figure 11 Input power transmitted through yaw damper and vertical damper derived
from indirect vibration measurements with train running. Solid: Vertical damper 1.
Long dash: Vertical damper 2. Short dash: Yaw damper 1. Dash dot: Yaw damper 2.
The yaw damper and the vertical damper were identified as important transmission
paths for structure-borne sound. In a running test force transducers were fitted to the
yaw and vertical dampers of a bogie and the vibration level was simultaneously
measured at the points where these dampers connect to the carbody. This data makes
it possible to calculate the input power fed into the carbody, which is a good indicator
of the structure-borne noise level. The graph in Figure 11 shows the resulting input
power for one of the runs. Is it seen that the yaw damper transmits more power than
the vertical damper.
To reduce the structure-borne noise inside the train the above result implies
that it would be most fruitful to soften these two connection elements. It was however
not practically feasible to do this during the course of the project. On the other hand, it
was possible to evaluate the impact on interior noise from other innovation
technologies introduced within the Gröna Tåget programme such as the ARS (active
radial steering) bogie, primary suspension bushing stiffness, permanent magnet
motors and bogie skirts.
There was negligible influence on interior noise from the ARS bogie and the
soft primary bushings. Note that the ARS bogie and the bushings were not designed
for acoustical purposes.
Another important conclusion is that the bogie skirt does not increase the
interior noise, neither in free field nor in tunnel. The bogie skirt thus brings a noise
reduction for the wayside noise without any adverse side-effects on the interior noise.
The noise from the permanent magnet motor was compared to the noise from
the baseline asynchronous motor during maximum cruising speed and during
acceleration and braking. As can be seen in the waterfall diagrams in figure 12 below
there is a noticeable difference during a start-up. In the left panel it can be seen that
12

one of the engine order’s contribution (marked with an oval) of the asynchronous
motor is substantial. At full speed, however, there was no detectable contribution from
any of the two motors.
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Permanent magnet motor
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Figure 12 Interior noise during start-up. Left – asynchronous motor, right –
permanent magnet motor. Main contributing order for asynchronous motor marked
with an oval. In plane axis: frequency to horizontal, engine speed up.
The most distinguishable difference between the two motor types is found at low train
speeds. In this case the A-weighted noise level is not critical but the switching pattern
of the electric current fed to the motors can give rise to audible tonal components.
This is illustrated in the waterfall diagrams in which diagonal ridges are speed
dependent tones and ridges parallel with the y-axis are constant frequency tones. One
of the most prominent diagonal ridges of the asynchronous motor is much lower for
the PM motor. Otherwise there is no principal difference. Even though the PM motor
is self-ventilated (i.e. has a cooling fan fix-mounted to the shaft), the fan does not
produce any noticeable increase of the noise at high speeds.
3.3
Pass-by sound quality – Results
Two important conclusions can be made from the sound quality investigations within
the Green Train project. Firstly, some types of trains are perceived as more disturbing
than other. Secondly, a plain low screen only changes the loudness, eg roughly
speaking the amplitude, of the pass-by noise. The character of the noise, for instance
its frequency distribution, is not changed sufficiently by the screen to change the other
aspects of how it is perceived. Extended sound quality investigations are needed to
draw further conclusions.
3.4
Internal railway sound: Passenger annoyance – Results
The influence of sounds perceived as annoying by railway passengers can be reduced
by a systematic work to reduce their rate of occurence. As a first step upper limits on
measurable physical features such as loudness, tonality and fluctuation strength
should be specified in purchase contracts. Secondly routines to prevent sounds
appearing after some time of operation should be included in the regular service and
maintenance. To be able to formulate limit values for the annoying sounds, research to
find indices that correlate well with the perceived passenger annoyance is needed.
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4
GREEN TRAIN NOISE – CONCLUSIONS
As always forecasting noise levels, internal as well as external pass-by, is done with
large uncertainties. However, we feel confident that, with the tools available, the noise
levels presently observed for X2000 can be maintained for the new generation highspeed trains at speed 250 km/h. It should be remembered though that in particular for
pass-by sound but also for internal sound the roughness of the rolling contact surfaces
is very important. Without maintaining smooth wheel and rail surfaces acceptable
external and internal sound levels will be difficult if possible at all.
For railway pass-by sound three different measures, - bogie skirts, tuned rail
dampers and low screens close to the track have proven useful noise control tools at
speeds up to 250 km/h. The highest noise reduction, say 6-7 dB(A) is obtained for a
combination of the three. For train speeds above 300 - 350 km/h other noise sources,
eg the pantograph, located higher up on the carbody will become increasingly
important and measures focusing on the wheel-rail region will not be as efficient.
For railway internal noise research on methods to identify and rank
transmission paths for structure-borne sound are still needed. The methods existing
today are not yet useful as design tools for complex systems like a train. For some
types of sounds perceived by passengers as particularly annoying, efficient noise
control measures implies specific service and maintenance procedures. Other types of
sounds caused by poor design or choice of components can be avoided by limits of
specific features included in purchase contracts.
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APPENDIX A:

MEASURES TO REDUCE
EXTERNAL RAILWAY NOISE
Ulf Carlsson, Leping Feng, Andrew Peplow and Mats Åbom
MWL, Department of Aeronautical and Vehicle Engineering, KTH

1

INTRODUCTION

Noise emission from railways becomes increasingly important with higher train
speeds. Typically the propulsion system with its cooling fans etc dominates the
external noise emission at low speeds, the wheel-rail interaction at medium range
speeds and aerodynamic sources at high speeds, say above 250-300 km/h. In
residential areas the speed is usually limited to prevent excessive nose emission.
Hence, more efficient railway noise control measures imply reduced noise
disturbances or optionally a possibility to increase speed without increasing noise
emission.
A sound barrier is an often used efficient method to reduce the external noise
along railway lines. However, due to the high production costs traditional sound
barriers are suitable only for densely populated areas. For the less densely populated
areas often found for instance in Sweden, low barriers, or “screens” with low
production costs, are attractive alternatives.
In this report an inexpensive low, track-close, rail-mounted screen is evaluated
theoretically and experimentally. The screen height is limited to ca 0.7 m above the
rail head surface since the main purpose of the screen is to shield the noise radiated
from the rail/wheel contact region. The distance between the screen and the track is as
short as possible without endangering the train operation. In this evaluation the
distance is 1.5 m from track centre. The screen production costs can be kept low since
the screen is mounted directly on the rail in contrast to screens built with traditional
techniques using concrete foundations in ground. The screen evaluated in this report
uses permanent magnets and cantilever beams for mounting the screen to the rail. The
lower part of the screen is placed on ground leaving no air gap between the screen and
the ground.

15

In particular the tested screen is intended to be a cost-efficient alternative in
situations where the noise emitted from the wheel-rail region is dominant, where a
few dB sound reduction is needed and where the intrusion to passengers and trackside
population must be kept low.
Apart from reducing trackside noise with a screen the possibility to reduce
noise emission by increasing the rail damping is investigated. Some successful reports
on the effects of rail treatments, i e adding tuned mass-spring-damper systems to the
rail’s web-foot, have been reported in earlier European projects, e g [1 Hemsworth et
al]. However, the noise reduction mechanism, and hence the possible applications,
seems still worthwhile to discuss. For this reason some laboratory tests on the rail
damping influence are included in this report.
Finally, the possibility to reduce the noise radiation from the rail by means of
increasing the rail vibration losses , i e the rails ability to dissipate vibration energy, in
combination with a reduction of the sound radiating rail surface was investigated.
Chapter 2 of the report covers screen insertion loss simulations using a
numerical boundary element model. Chapter 3 covers laboratory tests on the influence
of rail damping and rail radiation surface on the radiated noise. In chapter 4 the
insertion loss for some alternative low, rail-mounted screen designs and sound source
types are measured in laboratory. The laboratory measurements are compared with the
numerical model results. Finally, in chapter 5, the screen insertion loss for different
train speeds and train types are measured in the field.
1.1
Basic relations
The screen’s noise reduction capacity is characterized by the sound insertion loss DIL
defined as the sound pressure level difference observed at the receiver point without
screen, Lp,without, and with screen, Lp,with,
DIL = L p ,without − L p ,with [dB],
(1)
With the sound pressure level defined as,
~
p2
L p = 10 ⋅ log 2 [dB], p ref = 2 ⋅10 −5 Pa.
pref
~
Here p [Pa] is the root mean square value of the sound pressure.

2

(2)

NUMERICAL SIMULATIONS OF LOW SCREENS

The purpose of the numerical simulations was to develop and evaluate a reasonably
simple numerical model to estimate the acoustical efficiency of a railway screen
installation designed to reduce the contribution from the wheel-rail noise source. For
this reason different alternative numerical models based on a 2-dimensional boundary
element method were developed and compared to experimental results. The acoustical
efficiency measure used for comparison was the screen insertion loss DIL as defined in
equation (1). Since the screen is designed for the wheel-rail source it must be noted
that the model described below does not account for situations where other sources
are dominant, for instance aerodynamic sources on the train roof.
2.1
Numerical model
A 2-dimensional boundary element model implies that the track, the sound source and
the screen were all assumed to be infinitely long and independent of the length
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coordinate along the track. First calculations were performed for two different
situations in the source region,
• track directly on flat ground and
• track on ballast, see Figure 1 and Figure 2.
Later on the best choice of the two alternatives was combined with other alternative
models describing the screen and the wagon. The wheel-rail source is modelled as a
monopole line source placed at track centre 0.5 m above the upper rail surface which
is used as vertical reference. In the model the screen is assumed to be rigid, and the
ground on the screen’s shadow side is assumed to be grass covered with frequency
dependent absorption coefficient defined as the ratio of the acoustic energy absorbed
by the surface over the incident. The absorption coefficient used in the calculations is
shown in Figure 3. Also shown, in Figure 3, is the absorption coefficient used for the
ballast below the source.

Receiver

Screen
Source

1.5 m

0.7 m
0.5 m

1.5 m

6m

Figure 1 Geometry of the simulation, track on flat ground.

Receiver

Screen
Source

1.5 m
0.5 m

0.95 m
Ballast
0.25 m
1.5 m

6m

1m

Figure 2 Geometry of simulation, track on ballast.
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Figure 3 Frequency dependent absorption coefficients α for grassland and ballast
used in boundary element model for screen insertion loss calculations.

2.2
Numerical simulation results
The sound insertion loss in third octave bands was calculated for the two alternatives
described above. Single tone wheel-rail source was assumed and the insertion loss
was evaluated in listener position 7.5 m from track centre and at height 1.5 m above
track level. The calculated insertion losses are shown in Figure 4 and Figure 5 below.
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Figure 4 Screen insertion loss in third octave bands, track on flat ground.

Figure 5 Screen insertion loss in third octave bands, track on ballast ground.

The contours of the A-weighted insertion loss (including all third octave bands with
centre frequencies in the range 250 – 3200 Hz) for the two cases, in the vertical plane
perpendicular to the track, are shown in Figure 6 and in Figure 7.
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Figure 6 Contour of the A-weighted insertion loss in dB(A), track on flat ground.
Horizontal axis: Horizontal distance from track centre. Vertical axis: Vertical
distance from ground.

Figure 7 Contour of the A-weighted insertion loss in dB(A), track on ballast ground.
Horizontal axis: Horizontal distance from track centre. Vertical axis: Vertical
distance from ground. The dotted line shows the height of the ballast ground.
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2.3
Discussion of boundary element model simulation results
Two conclusions can be drawn from a comparison between the two cases; – rails
placed direct on flat ground and – rails placed on a ballastbed, see Figure 4 and
Figure 5.
• The two cases give significantly different results. Hence, the more realistic
ballastbed model will be used.
• There are always frequency regions where the sound pressure levels at the
receiver location are actually increased.
The “negative insertion loss” appears for both cases, although at different frequencies.
It is due to the interference between the actual source (direct path) and the mirror
source (reflected path). Consequently the positions along the frequency axis of the
poor insertion loss regions are for a specific screen installation determined by the
receiver position. If the receiver (listener) position is changed then the frequencies for
negative insertion loss will change also.
The only way to reduce the negative insertion loss is to reduce the possibility
for the direct path and reflected path waves to interfere constructively. In practice one
can increase the acoustic absorption of the ground between the screen and the receiver.
Grassland, a common case in the Swedish railway system, certainly reduces the
constructive interference. Calculations also show that putting absorptive materials on
the screen may improve the situation and reduce the “negative insertion loss”, at the
cost of reduced positive insertion loss at some other frequency bands. It has to be
pointed out that pure tone excitation is used in the calculation with the Boundary
Element Method used here. Thus the direct and reflected signals are totally coherent.
In practical situations when the source is effectively broad-banded and is varying with
time (since different wheel sets passing by), the signals are not coherent to such high
degree. Hence, the negative insertion loss can be expected to be significantly smaller
than that obtained from the calculation and may even disappear.
Calculations have also been performed for a wheel/rail source with dipole
directivity pattern in order to investigate the possible influence of the source
directivity. Results show that the directivity pattern has influence only when the
screen is very close to the source (about 5 cm), and the dipole source is directed
“away” from the screen. Hence, we keep the monopole model and do not need to
consider the influence of the source directivity on the sound insertion loss.
2.4
Conclusions from first numerical simulations
Numerical simulations with some alternative boundary element models have led to the
following conclusions.
• Use a monopole line source model.
• Use a ballastbed track model with frequency dependent ballast absorption.
• The screen can be modelled as rigid with possibly absorbing surfaces.
• The ground between the screen and the receiver should be modelled with
frequency dependent absorption.
A boundary element model based on these conclusions was used in the remaining
investigation.
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3

LABORATORY TESTS

Three experimental investigations were performed in the laboratories at MWL, KTH.
• The first investigation analysed the effect of increased rail damping on rail
sound radiation.
• The second investigation analysed the effect of placing sand filled bags on the
rail foot as a means to shield the sound radiation and increase the rail
vibration losses. Also the combined effect of the screen and sandbags was
tested.
• The third investigation analysed the effect of some alternative screen designs
and their interaction with the wagon. The results from this investigation were
compared to simulation results from a boundary element model. Also tests
with different source types; a monopole (3 dimensional) source and a source
distributed along the rail (2 dimensional), were performed.
The objectives of the laboratory tests was to,
• get an indication of the noise reduction capabilities of the investigated noise
reduction measures,
• try some alternative screen designs to reduce the frequency regions with
negative insertion loss and
• try some alternative boundary element models and compare model results with
laboratory test results.
3.1
Influence of rail damping and radiation shields on rail sound radiation
Two ideas for rail noise reduction were tested. The first idea was two reduce the rail
vibration level by increased vibration losses. The second idea was to increase the
vibration losses and at the same time shield the radiating rail surface.
3.1.1 Test set-ups
In the first set-up a 1 m long piece of UIC 60 rail was placed on rubber pads and
concrete sleepers. In order to increase the rail damping a steel beam with quadratic
4×4 cm2 cross section was attached to the rail web with two bolts, see Figure 8. The
idea of this arrangement was to significantly increase the friction loss contribution
from the sliding contact between the rail web and the beam. Exciting the rail, with and
without attached beam, with impacts clearly showed a drastic reduction of the
vibration reverberation time.
In the second set-up sand bags placed on the rail foot at both sides of the rail
web, see Figure 9. The rail vibration will then excite vibration in the sandbags where
part of the vibration energy will be dissipated to heat by friction between the sand
grains. Also the rail noise radiation will be reduced since part of its radiating surface
is covered by sandbags. Finally a third set-up with an untreated rail was used for
reference measurements and comparison, see Figure 9.
A shaker was used to excite the rail vertically on the rail head at one end and a
force transducer was used to measure the input force, see Figure 8. An accelerometer
was placed at the rail head in the middle of the rail to measure the rail vibration.
Finally the radiated sound was measured with two microphones, see Figure 10. In the
investigation the measurements were performed for all three set-ups.
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Figure 8 Set-up to test the influence of the increased rail damping by attached steel
beam (friction damping).

Figure 9 Set-up to test the influence on rail damping by using sandbags.
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Figure 10 Microphone positions during sound radiation test.
3.1.2 Test results and discussion
The loss factor [%] of the rail, defined as the ratio of the dissipated vibration energy
per radian over the maximum potential energy, with and without damping treatments
was estimated in third octave bands using the reverberation time method. The results
are shown in Figure 11. Clearly both damping treatments; beam coupled to rail web
and sand bags placed on rail foot, increased the rail losses significantly, in particular
at low frequencies. The vibration acceleration level also decreased for both cases,
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more than ca 3 dB on the average, see Figure 12. Finally the radiated sound pressure
level was reduced a little for the case of sandbags, while for the case of attached beam
it increased by a few decibels, see Figure 13.
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Figure 11 Rough estimates of rail loss factor in third octave bands. Solid: Sand bags.
Dashed: Beam added to rail web. Dotted: Rail without treatment.
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Figure 12 Rail head acceleration level at 1 N (total) force excitation. Solid: Sand
bags. Dashed: Beam added to rail web. Dotted: Rail without treatment.
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Figure 13 Comparison of radiated sound. Solid: Sand bags. Dashed: Beam added to
rail web. Dotted: Rail without treatment. The results are the average of signals from
two microphones.

It may seem strange that increasing the losses by adding a beam decreases the
vibration level but increases the radiated sound. There are several possible
explanations to these seemingly contradictive results. One possible explanation is that
the acoustic radiation efficiency for a damped structure usually is higher than for the
corresponding undamped structure [2]. A second, and more plausible, explanation
concerns the sound radiating surface. For the case of the attached beam, the area of
the radiating surface is actually increased since the attached beam is also an efficient
acoustic radiator. While for the case of the sand bags, the radiating area is decreased,
since parts of the rail are covered by the sandbags and hence some acoustical energy
radiated by those parts is absorbed by the sand. This simple, preliminary investigation
shows that an increase of the rail damping does not automatically imply a reduced
sound radiation from the rail. Hence, to reduce sound radiation from the rail we need
to implement some other measures in combination with the increased rail damping.
It is interesting to compare these results with those reported in reference [1],
where a tuned damper was found to successfully reduce the radiated sound power. By
carefully examining the tuned damper, we notice that a large part of the rail’s
radiating surface is covered by the tuned damper. The effective radiating area of the
rail with the tuned damper is actually much less than 50 % of that of the original rail.
It is likely that the effect of the reduced radiating area is more important than that of
the damping introduced by the tuned damper. For the tuned damper it is important that
the sound radiating element, i e in this case the “mass” of the tuned damper, is
vibration isolated from the vibrating rail and that the “mass” itself is a poor sound
radiator. A thick and heavy metallic block, as described in reference [1], is a good
choice for this purpose.

26

3.2
Influence of screen design on screen insertion loss
A number of measurements with different screen designs, source types and wagon
mock-ups were performed.
3.2.1 Test set-ups
The insertion losses of the alternative screen designs were measured in the laboratory
on a 6 m long test track (UIC 60) in the semi-anechoic room at MWL. The rails were
mounted on concrete sleepers with Pandrol fasteners and standard rubber rail pads.
The sleeper bays were filled with glass wool to reduce the reflection from the floor,
see Figure 14. The tested screen was built from 22 mm thick chipboard panels
mounted on cantilever beams bolted to the laboratory floor, see Figure 14.

Figure 14 Test track with two ends of the rail embedded in sandboxes. The sleeper
bays are filled with glass wool to reduce the effect of floor reflection. The screen and
the loudspeaker are also shown.

In order to simulate the real situation where the track is “infinitely long”, the two rail
ends were enclosed in two sand-filled boxes with dimensions 0.5 × 0.8 × 1 m3, see
Figure 14. In this way the rail end reflections were attenuated. The vibration decay
rate in dB/m, measured in the test track, is shown in third octave bands in Figure 15.
Comparison with results from literature, e g [1], shows that the decay rate is fairly
close to that of a real track.
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dB/m

Figure 15 Vibration decay rate of the test track in dB/m.
3.2.2 Tested screen-rail-wagon configurations
The test object is sketched in Figure 16. The upper rail surface of the test track was
about 0.42 m above the ground. The width of the track, from rail centre to rail centre,
was about 1.50 m. The screen was 0.7 m high from the upper rail surface, i e 1.12 m
from the ground, and 1.75 m from the centre of the track. Three different screen
designs were tested, see Figure 16:
• Rigid flat screen.
• Rigid screen with “Γ” shaped top. The width of the top was selected to
0.088 m.
• Rigid screen with micro perforated panel, MPP, and a 0.088 m back cavity.
The top width 0.088 m was selected in order to be efficient at 1 kHz which is the pinpin frequency for a typical Swedish UIC60 track.
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0.0 / 0.088 m
MPP

1.62 m
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0.5 m
0.42 m
1.75 m

7.5 m

Figure 16 Sketch of the screen, loudspeaker and microphone positions.

Two types of excitations (sources) were applied;
• loudspeaker and
• shaker excitation.
For both cases broadband noise excitations were used. The character of the
loudspeaker is best characterized as a 3 dimensional monopole source whereas the
shaker exciting the rail is better described as a line source. The loudspeaker was
placed at the track centre 0.5 m above the upper rail surface. The shaker was applied
vertically to the rail head of the rail close to the screen, located about one meter from
the screen. The receiver point was 7.5 metres away from the centre of the track and
1.2 m above the upper rail surface, i e 1.62 m above the ground, see Figure 16.
In order to check possible effects of multiple reflections between the screen
and the wagon as well as the effect of a bogie skirt, special tests with chipboard plates
placed in the positions of the wagon surfaces were also performed. The wagon was
assumed to be 2.96 m wide and the lower surface to be about 0.8 m above the upper
rail surface. The skirt was assumed to cover about half of the space between the
simulated lower wagon surface and the upper rail surface. Hence, the chipboard was
placed 0.27 m away from the screen and 0.4 m above the upper rail surface, i e 0.82 m
above the ground. The relative geometry is shown in Figure 17.
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Wagon side
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0.42 m
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1.12 m

Track

Rigid ground
7.5 m
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Figure 17 Profile of the screen and skirt in test. The vertical thin dashed line is the
centre of the track and the horizontal is the upper rail surface. The thick dashed line
shows the position of an imagined wheel.
3.2.3 Numerical simulations
The insertion loss of the configurations described above except for the rail shaker
excitation cases were modelled and calculated with the boundary element model
described above. In the simulations the ground in the shadow zone (the laboratory
floor) was modelled as rigid and the ballast as absorptive with frequency dependent
absorption coefficient given in Figure 7. It should be noted that the loudspeaker
source is a 3 dimensional monopole source whereas the model uses a 2 dimensional
monopole source and that tonal excitation was used in the simulations. The simulation
results were compared to the measurement results.
3.2.4 Test results, simulation results and discussion
The measured screen insertion losses for the monopole loudspeaker excitation cases
are shown in Figure 18 and Figure 19. Figure 18 shows the results for the three
alternative screen designs (rigid flat, rigid Γ-crowned and rigid Γ-crowned with MPP)
without train and skirt. Figure 19 shows the results for the three screen designs with
train and skirt. Figure 20 shows the measured insertion loss for the rigid flat screen
design without wagon and skirt when the loudspeaker was set to dipole mode. For all
measured cases, broadband noise excitation was applied.
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screens, without train and skirt. Loudspeaker broadband excitation (monopole).
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Figure 19 Measured and calculated (simulated) insertion loss of different type of
screens, with train and skirt. Loudspeaker broadband excitation (monopole).
L-screen = Γ-crowned screen
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Figure 20 Measured insertion loss of rigid flat screen, without train and skirt. Dipole
mode loudspeaker broadband excitation.

It can be seen from the figures that the influence of the shape of the screen top is
small when the loudspeaker is used as source. The influence of the source directivity
(monopole or dipole) on insertion loss may also be neglected (see Figure 18 and
Figure 20), as was indicated by the numerical simulation previously. The presence of
the train and the skirt increases the insertion loss at high frequencies, while at low
frequencies the effect seems fairly small.
The simulation results for the screen without and with skirt and train is plotted
together with the measured results in Figure 18 and Figure 19 respectively. It is
obvious that the measured and simulated results agree quite well, indicating that the
numerical models can be used as a simulation tool to investigate the screen insertion
loss for typical railway installations.
When the source was located at the track centre about 0.5 m above the upper
rail surface, as in the measurements shown above, the tested screen gave negative
insertion loss at around 400 Hz, due to the interference between the source and the
mirror source contributions, no matter if the source is monopole or dipole. The
presence of the train body may improve the situation somewhat but can not eliminate
the negative insertion loss totally. This was also predicted by the numerical models,
although the negative insertion loss was larger in the numerical calculation, due to the
fact that pure tone excitation was used for numerical calculation while broadband
excitation was applied for measurements. The added MPP panel seems not able to
produce enough absorption around 400 Hz to eliminate the negative insertion loss.
The influence of the “Γ” shaped screen top also seems small.
The main excitation mechanism for railway noise is the interaction between
the wheel and the rail. In situations where rail vibrations give a significant
contribution to the way-side noise using a shaker to excite the rail is closer to reality
than loudspeaker excitation. Results for shaker excitation are shown in Figure 21 and
Figure 22. As for the case of loudspeaker excitation, broadband noise excitation was
applied to the shaker. Obviously, the insertion loss frequency characteristics are
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different from that of the loudspeaker excitation, since the location and the shape of
the noise source are different. The minimum insertion loss is shifted from about 400
Hz to frequencies around 1 – 1.25 kHz. No negative insertion loss appears, although it
is close to 1 dB for the rigid screen at the minimum around 1 kHz and when the
influence of the train is not taken into account. The influence of the screen absorption
(MPP) also is much larger, especially at around 1 kHz where the insertion loss reaches
its minimum. An explanation to this is that the absorption coefficient of the MPP
absorber is designed to be fairly large around 1 kHz.
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Figure 21 Measured insertion loss when rail is broadband excited with a shaker.
Measurement performed without “train”.
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Figure 22 Measured insertion loss when rail is broadband excited with shaker.
Measurements performed with “train” and “skirt”.
3.3
Laboratory measurements - Conclusions
Some conclusions can be drawn from the laboratory measurements:
(1)
An isolated increase of the rail damping will not significantly reduce the sound
radiated from wheel/rail source. Increasing the losses is only efficient for reverberant
(resonant) vibration fields whereas the train pass-by noise is dominated by
contributions from the forced vibration field excited by the wheels rolling over the rail.
(2)
Numerical simulation using BEM is validated and appears to be a useful
method to estimate screen sound insertion loss for the cases studied.
(3)
The suggested track-close rail-mounted screen reduces the wheel-rail
contribution to the wayside noise. The specially designed shape of the screen top, as
well as the added absorption by the MPP panel, increases the noise reduction
substantially for frequencies higher than about 800 Hz. The effect is more pronounced
when the source is located at the position of the rail (shaker excitation case), which
may be closer to reality, than a source position at track centre (loudspeaker excitation).
(5)
There are always frequency bands where the screen insertion loss reaches low
values or even becomes negative. When the source is located at the position of the rail,
the minimum insertion loss appears at around 1 kHz for this particular screen design.
It should be noted that for UIC 60 rails mounted on sleepers with 0.65 m distance the
easily excited pin-pin frequency is close to 1 kHz. Adding a micro-perforated panel
absorber to the screen side may improve the situation and increase the insertion loss in
this frequency region. Using a shape of the screen top design to increase the reduction
at 1 kHz may also help.
(6)
The insertion loss minima are caused by interference between the direct path
and the reflected path; hence, it will occur at different frequencies for different
receiver positions.
One should also point out that in the laboratory measurements only the rail
closest to the screen was excited while in practice both rails are excited during a train
passage. As can be seen from the geometry, the screen performance is better when the
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noise source is located on the rail closest to the screen. Considering the fact that there
are other sound sources in practical cases, we may expect the actual insertion loss of
the screen in a realistic situation to be lower than in the laboratory measurements.
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4

FIELD MEASUREMENTS

Field measurements have been performed on two sites; - the first on a temporary short
screen installation - the second on a permanent full size installation.
4.1

Test 1 – Short screen installation

4.1.1 Measurement set-up
Field measurements on a short screen installation were performed August 1-2, 2006.
Figure 23 shows the set-up of the screen and microphone positions. The data were
recorded with a sixteen-channel digital tape recorder (Sony PCA216). Six channels
were used for recording the sound pressure signals, with the channel numbers
indicated in Figure 23. The photos in Figure 24 and 25 show the microphone positions
along the track. All microphones were located at positions 7.5 meters away from the
centre of the track closest to the screen (“near track”). Microphone 5 and microphone
6 are used to record reference signals to represent the case “track without screen” , i e
index without in Equation (1). Hence, the difference between sound pressure levels of
microphone 5 and microphone 3 is the estimate of the insertion of the screen at height
3.5 m, and the difference between signals of microphone 6 and microphone 4 is the
insertion loss at height 1.2 m.
“far track”
“near track”

7.5 m

Mic. 5 & 6

10 m

25.76 m

37.12 m
Low screen

Mic. 3

&4

Mic. 1 & 2

Figure 23 Schematic view of the measurement set-up. The screen is 25.76 m long and
is placed 1.75 m from “near track” centre. Microphones 1, 3 and 5 are located 3.5 m
above the upper rail surface. Microphones 2, 4 and 6 are located 1.2 m above the
upper rail surface.

Figure 26, finally, shows sound pressure level third-octave band spectra for two
extremes – Green train running at average speed 241 km/h and freight train running at
average speed 97 km/h. Both spectra are averages over three train passages and
measured at 7.5 m distance from “near Track” centre at height 1,2 m above upper rail
surface.
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Figure 24 Photo showing microphone 1, 2, 3 and 4 and the screen. Microphones 3
and 4 are used to represent the case “with screen”.

Figure 25 Photo showing microphone 5 and 6 placed at the reference position
“without screen”. Note that the presence of trees in the area may have contributed to
the sound measured at the reference position.
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Figure 26 Average (three train passages each) third-octave band sound pressure
level at 7.5 m distance from track centre measured at height 1.2 m above upper rail
surface for Green Train at average speed 241 km/h and freight train at average speed
97 km/h. Solid: Green train. Dashed: Freight train.
4.1.2 Test screen design
One side of the track test section, where two tracks lie in parallel, see Figure 23, was
equipped with the rail-mounted screen. The screen which was 25.76 m long and
0.935 m high, had no absorptive treatment at the surface. Also it was not equipped
with any special treatment on the screen top. The screen height, when mounted, was
between ca 0.72 m above the upper rail head surface. The distance between the inner
side of the screen and the outer side of the rail head was 0.97 m, hence the distance
between then near track centre and the screen was approximately 1.75 m.
4.1.3 Measurements
In the following figures, “near track” means the track close to the screen, and “far
track” means the track away from the screen. The screen was designed for the trains
passing on the “near track”. Results are presented for trains passing on the near track
only.
The sound pressure signals were recorded during the complete train passage.
In the analysis the sound pressure level spectra in 1/3 octave band, averaged for
different train types were calculated, see Figure 27 to Figure 30. The high peaks
below 100 Hz are due to the air-flow induced by the passing train, since all
microphones were located rather close to the train. In the figures, the solid lines are
spectra measured by microphone 5 & 6 (reference spectra), and the dotted lines are
spectra measured by microphone 3 & 4. Blue lines are measured by microphones 3.5
m above the upper rail surface, and red lines are measured by the microphones 1.2 m
above the upper rail surface. In accordance with equation (1) the differences between
lines with the same colour were taken as an estimate of the screen insertion loss at
height 3.5 m and at height 1.2 m respectively.
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Figure 27 Green Train. Average sound pressure level measured 7.5 m from “near
track” centre (three trains passing on near track) in 1/3 octave band. Average
speed: 241 km/h; blue: 3.5 m above upper rail surface; red: 1.2 m above upper
rail surface. Solid: reference “without screen”, dashed: “with screen”.
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Figure 28 X2000. Average sound pressure level (four trains passing on near track)
in 1/3 octave band. Average speed 200 km/h; blue: 3.5m; Red: 1.2 m.
Solid: reference “without screen”, dashed: “with screen”.
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Figure 29 Regina. Average sound pressure level (two trains passing on near track)
in 1/3 octave band. Average speed 175 km/h; blue: 3.5m; red: 1.2 m
Solid: reference “without screen”, dashed: “with screen”.
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Figure 30 Freight train. Average sound pressure level (six trains passing on near
track) in 1/3 octave band. Average speed 97 km/h; blue: 3.5m; red: 1.2 m.
Solid: reference “without screen”, dashed: “with screen”.
4.1.4 Results and discussion – Test 1, Short screen installation
The average sound pressure levels in 1/3 octave band for different types of trains are
shown above in Figure 27 to Figure 30. The difference between the corresponding
reference signal “without screen” (solid line) and the signal “with screen” (dashed line)
is used as an estimate of the average insertion loss for that particular type of train
running at that particular speed and at the corresponding receiver position. The results
below about 250 Hz are not reliable, because of the low signal level and the influence
of the air-flow induced by the passing train. Because of the different running speeds,
different lengths of trains and different sound source positions and characteristics, the
effect of the screen is different for different types of trains. The corresponding Aweighted insertion losses, also sorted by the train types, are listed in Table 1.
Table 1 Comparison of A-weighted sound levels and A-weighted insertion loss,
measured at heights 3.5 m and 1.2 m, for different train types passing on “near track”.
Microphone positions at 7.5 m distance from “near track” centre.

Train type

Gröna tåget
X2000
Regina
Freight

Number
of trains
3
4
2
6

Average
speed
[km/h]
241
200
175
97

Reference
level [dB]
3.5 m 1.2 m
92.9
92.4
94.5
95.0
92.3
92.2
95.9
95.7

With screen
3.5 m
90.1
92.0
89.0
94.6

1.2 m
88.6
91.0
87.7
92.6

Insertion loss
[dB(A)]
3.5 m 1.2 m
2.8
3.8
2.5
4.0
3.3
4.5
1.3
3.1

Data from 18 trains passing on the near track were analyzed. Three trains, out of the
18, were not included in the analysis with respect to train types, see above Figure 26
to Figure 29 and Table 1, because of the large speed difference compared with other
trains of the same type (e g Gröna Tåget running at speed 120 km/h whereas the
others are running at speed over 200 km/h). However, those data are included in the
average insertion loss of all trains passing on the near track shown in Figure 30,
Figure 31 and Table 2. The average insertion loss and its standard deviation are
calculated in third octave bands.
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Figure 30 Average insertion loss with standard deviation for all 18 trains passing on
the near track. Microphone position at height 3.5 m above upper rail surface and 7.5
m from track centre.

Figure 31 Average insertion loss with standard deviation for all 18 trains passing on
the near track. Microphone position at height 1.2 m above upper rail surface and 7.5
m from track centre.
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The average insertion losses and standard deviations for all types of trains passing on
the near track are shown in Figure 30 and Figure 31, sorted by the height of the
measurement point, with the average A-weighted insertion loss and the corresponding
standard deviation listed in Table 2. As a reference, the average A-weighted insertion
loss for trains passing on the far track (four trains) is also listed in Table 2, although
the screen is not designed for that track. It is interesting to see that if the observation
point is 1.2 meters above the upper rail surface, similar insertion loss can be obtained
even for the trains passing on the far track, while for the observation point of 3.5 m
high, a negative insertion loss was obtained for trains passing on the far track.
Table 2 Average A-weighted insertion loss DIL in dB(A) and standard deviation σ for
all types of trains passing on “near track” and on “far track”.

Near track
Far track

DIL(3.5 m) [dB(A)]
2.3
-1.1

σ
1.1
0.6

DIL(1.2 m) [dB(A)]
3.7
3.6

σ
0.8
1.0

If the field measurements are compared with the laboratory measurements, it can be
concluded that the measured train noise is modelled more closely by the shaker
excited rail than by the 3 dimensional monopole source. No negative insertion losses
are observed for the field measurements for trains passing on the near track. The
minimum insertion loss appears at the same frequency band, 1000 Hz, for both the
field measurements and the laboratory measurements when shaker excitation is
applied.
The insertion loss measured in the field was lower than that measured in the
laboratory. Apart from the reasons discussed previously, there are two more important
reasons: the screen used in the field measurements was relatively short and the
reference microphone was surrounded by trees, see Figure 26. The presence of trees
may influence the results in two ways. First of all the trees may shield the
microphones and secondly the trees may produce noise.

4.2

Test 2 – Full size screen installation

4.2.1 Measurement location and screen design
An acoustic evaluation of a full size screen installation was performed June 2009 at a
location south from Gnesta station close to Gnesta renhållning, see Figure 32. The
purpose if the evaluation was to estimate the screen installation’s acoustic insertion
loss.
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Figure 32 Sketch showing the measurement location with microphone positions.
Microphones 1, 3, 4 and 5 were placed 7.5 m from the centre of the track towards
Gnesta station. Microphones 2 and 6 were placed 25 m from the centre of the track
towards Gnesta station.

The evaluated screen is a “Litto perrongskärm” with height 0.71 m over railtop. It was
placed 1.75 m from the center of the track going in to and out from Gnesta station in
the northeast and southwest direction. The screen itself was built-up from 45 mm
thick wooden boards covered on the side towards the track with 50 mm thick “träullit”
panels acting as acoustic absorbents. A rubber mat was placed at the lower part of the
screen to cover possible acoustic leakages between the screen and the trackbed.
4.2.2 Measurement set-up
Six microphones were used during the measurements. Three of them were located at a
position with screen and three at an acoustically equivalent position without screen,
see Figure 32 and Figure 33. At each of the two positions two of the microphones
were positioned 7.5 metres from the track center and the third at 25 metres distance.
At 7.5 metres distance the microphones were positioned at heights 1.2 m and 3 m
above the upper rail surface and at 25 m distance the microphones were positioned at
height 3 m above the upper rail surface, see Figure 33. All six microphone signals
were preamplified, high-pass filtered (cut-off frequency 15 Hz) and recorded on a 16
channel Digital tape recorder Sony PC216Ax. Each channel was sampled at rate
24 kHz.
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Figure 33 Measurement positions. Microphone 1, 3 and 6 were located at the
measurement position with screen. Microphone 2, 4 and 5 were located at
measurement position without screen.
4.2.3 Measurements and analysis
34 train passages were recorded during the 4 hours measurements were taken. Of the
34 passages 8 were selected for evaluation. The insertion loss was estimated using the
method described in section 1.1, where “with” is interpreted as measurement position
with screen and “without” is measurement position without screen.
4.2.4 Results
The first set of results is for an ”Intercity train” passing at speed 131 km/h towards
Gnesta station. The measured third octave band sound pressure levels without screen
(microphones 2, 4 and 5) are shown in Figure 34 and the measured insertion loss in
Figure 35.
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Figure 34 Third octave band sound pressure level without screen. Intercity train
“near track”. Speed 131 km/h. Solid – 7.5 m, 1.2 m over rail surface. Dashed long –
7.5 m, 3,5 m over rail surface. – Dashed short – 25 m, 3 m above rail surface.
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Figure 35 Third octave band sound insertion loss. Intercity train “near track”. Speed
131 km/h. Solid – 7.5 m, 1.2 m over rail surface. Dashed long – 7.5 m, 3,5 m over rail
surface. – Dashed short – 25 m, 3 m above rail surface.

Two X2000 passing on “near” track towards Gnesta station, i e at the track close to
the screen, at speed 185 km/h and 181 km/h were measured. Third octave band sound
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pressure levels withhout screen are shown in Figure 36 and Figure 38. Measured third
octave band insertion losses are shown in Figure 37 and Figure 39.
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Figure 36 Third octave band sound pressure level. X2000 “near track” Speed
185 km/h. Solid – distance 7.5 m, 1.2 m above rail surface. Dashed long – distance
7.5 m, 3.5 m above rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Figure 37 Third octave band insertion loss. X2000 “near track”. Speed 185 km/h.
Solid – distance 7.5 m, 1.2 m above rail surface. Dashed long – distance 7.5 m, 3.5 m
above rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Figure 38 Third octave band sound pressure level. X2000 “near track”. Speed
181 km/h. Solid – distance 7.5 m, 1.2 m above rail surface. Dashed long – distance
7.5 m, 3.5 m above rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Figure 39 Third octave band insertion loss. X2000 “near track”. Speed 181 km/h.
Solid – distance 7.5 m, 1.2 m above rail surface. Dashed long – distance 7.5 m, 3.5 m
above rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Four X2000 passing out from Gnesta station, i e at the track far to the screen, at
speeds 177 km/h, 182 km/h, 182, km/h and 160 km/h were measured. The train
passing at speed 160 km/h was equipped with two locomotives. Third octave band
sound pressure levels withhout screen are shown in Figure 40, 42, 44 and 46.
Measured third octave band insertion losses are shown in Figure 41, 43, 45 and 47.
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Figure 40 Third octave band sound pressure level. X2000 “far track”. Speed
177 km/h. Solid – distance 7.5 m, 1.2 m above rail surface. Dashed long – distance
7.5 m, 3.5 m above rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Figure 41 Third octave band insertion loss. X2000 “far track”. Speed 177 km/h. Solid
– distance 7.5 m, 1.2 m above rail surface. Dashed long – distance 7.5 m, 3.5 m above
rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Figure 42 Third octave band sound pressure level. X2000 “far track”. Speed
182 km/h. Solid – distance 7.5 m, 1.2 m above rail surface. Dashed long – distance
7.5 m, 3.5 m above rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Figure 43 Third octave band insertion loss. X2000 “far track”. Speed 182 km/h. Solid
– distance 7.5 m, 1.2 m above rail surface. Dashed long – distance 7.5 m, 3.5 m above
rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Figure 44 Third octave band sound pressure level. X2000 “far track”. Speed
182 km/h. Solid – distance 7.5 m, 1.2 m above rail surface. Dashed long – distance
7.5 m, 3.5 m above rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Figure 45 Third octave band insertion loss. X2000 “far track”. Speed 182 km/h. Solid
– distance 7.5 m, 1.2 m above rail surface. Dashed long – distance 7.5 m, 3.5 m above
rail surface. Dashed short – distance 25 m, 3 m above rail surface.
Sound pressure level, no screen

85

Lp = 87.9 dB
LA = 87.4 dB(A)

Sound pressure level, [dB]

80

Lp = 86.6 dB
LA = 86.4 dB(A)
75

70

Lp = 80.7 dB
LA = 80.7 dB(A)

65

60

55

0

500

1000

1500
2000
2500
Frequency, [Hz]

3000

3500

4000

Figure 46 Third octave band sound pressure level. X2000 “far track”. Speed
160 km/h. Solid – distance 7.5 m, 1.2 m above rail surface. Dashed long – distance
7.5 m, 3.5 m above rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Figure 47 Third octave band insertion loss. X2000 “far track”. Speed 160 km/h. Solid
– distance 7.5 m, 1.2 m above rail surface. Dashed long – distance 7.5 m, 3.5 m above
rail surface. Dashed short – distance 25 m, 3 m above rail surface.

One freight train passed at speed 79 km/h on “far track”. Third octave band sound
pressure levels without screen in shown in Figure 48. The third octave band insertion
loss estimated from measured sound pressure levels are shown in Figure 49.
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Figure 48 Third octave band sound pressure level. Freight train “near track”. Speed
79 km/h.. Solid – distance 7.5 m, 1.2 m above rail surface. Dashed long – distance 7.5
m, 3.5 m above rail surface. Dashed short – distance 25 m, 3 m above rail surface.
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Figure 49 Third octave band insertion loss. Freight train “near track”. Speed
79 km/h. Solid – distance 7.5 m, 1.2 m above rail surface. Dashed long – distance 7.5
m, 3.5 m above rail surface. Dashed short – distance 25 m, 3 m above rail surface.
4.2.5 Conclusions and discussion – Test 2, Full size screen installation
The maximum measured sound pressure level usually appears in one of the third
octave bands forming the 1 kHz octave band. Depending on the train type and speed
the maximum third octave band level, measured at 7.5 m distance from the track
centre, is in the range 80 dB to 85 dB. Third octave band sound levels in bands below
630 Hz are usually negligible, particularly after A-weighting.
The measured insertion losses show that the screen, for the tested cases,
efficiently reduces the noise in third octave bands from 630 Hz and upwards. The
results also confirm that, due to the differences in source distributions for different
trains, the screen insertion loss is dependent on the tested train type. The highest
insertion loss values, 8 to 10 dB in third octave bands from 1 kHz and above, have
been measured for freight trains with speed 80 km/h. The lowest, 3 to 6 dB in third
octave bands from 1 kHz and above, have been achieved for X2000 with speed
180 km/h. The explanation is that at these speeds the freight train noise sources are
located close to the rail whereas for the X2000 there are also important contributions
from sources on the roof, for instance the pantograph and the cooling fans. In table 2
the insertion loss results are summarized.
Table 3 Comparison of A-weighted sound levels and A-weighted insertion loss,
measured at heights 3.5 m and 1.2 m, for different train types passing on “near track”.
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Microphone positions at 7.5 m distance from “near track” centre. N is “near track”
F is “far track”.
Train type
X2000 N
X2000 F
Intercity
Freight

Number
of trains
2
4
1
1

Average
speed [km/h]
183
175
131
79

Reference level [dB]
3.5 m
1.2 m
89.0
89.8
86.1
85.6
93.7
94.7
91.9
91.7

Insertion loss [dB(A)]
3.5 m
1.2 m
2.0
3.4
0.8
6.4
2.2
4.3
4.5
6.9

Finally the measurements show that the screen has a significant noise reduction
potential also for trains passing on the track with centre 6.25 m from the screen.
However the shadow zone in this case is reduced and the positive effect is limited to
receiver positions lower than heights corresponding to humans standing on track level.

5

SUMMARY AND CONCLUSIONS

Three different control measures for external railway noise have been investigated,
• to increase rail vibration losses by means of introducing friction joints between
the rail and a beam connected to the rail web,
• to increase rail vibration losses and shield radiation by means of rail “covers”
(sand bags) and
• to install low screen close to the track.
In addition a boundary element model for the screen installation was developed and
evaluated.
Increased losses – friction junction
Laboratory measurements showed that increasing the rail friction losses by connecting
a beam to the rail web decreases the vibration due to increased vibration losses. The
sound, on the other hand, increases slightly due to the increased area of the acoustic
radiation surface. It must be remembered that increasing the losses reduces the
reverberant field only.
Increased losses, radiation shield – sand bags
Increasing the vibration losses and reducing acoustic radiation with sand bags placed
on the rail foot reduces the rail vibration and the radiated sound. This noise reduction
measure, or principally similar, can be expected to give 3 – 4 dB sound pressure level
reduction and may be an inexpensive and practical solution if other issues like
influence from humidity etc can be solved.
Low track-close screen
A low non-intrusive screen close to the track has been demonstrated to be an efficient
way to reduce the wayside railway noise. Field measurements showed an insertion
loss between 3 dB and 9 dB between 630 Hz and 4 kHz. Insertion loss minima are
possible to reduce with proper measures to increase screen absorption. The screen
insertion loss depends on where the acoustic sources are distributed – low in the
wheel-rail region or – high on or above the wagon roof. Due to its limited height the
low screen is only efficient for sources in the track-wheel-bogie region.
Boundary element model for screen insertion loss prediction
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The two-dimensional boundary element model designed to account for,
• screens of various designs,
• source in the wheel-rail region,
• ballast trackbed,
• frequency dependent absorption in ballast,
• frequency dependent absorption in ground between screen and receiver and
• wagon with wheel-skirt,
has been proven a useful tool to investigate the insertion loss achieved by a screen
installation.
A continuation of the combined effect of increased rail vibration losses and radiation
surface shielding is a possible future research area. In particular the combination of
this and the low screen installation is of interest since they have complementary
frequency regions.
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DEFINITIONS AND SYMBOLS
α [1]

Absorption coefficient. Ratio between absorbed and incident acoustic
power.

DIL [dB]

Insertion loss. Difference between sound pressure level without noise
control measure (eg screen) and with control measure.
Definition: DIL = L p , without − L p , with .

Total A-weighted insertion loss
The difference between the total A-weighted sound level without and
with noise control measure: LA,without − LA,with [dB(A)].

Lp [dB]

Sound pressure level. Definition: L p = 10 ⋅ log

~
p2
,
2
pref

p [Pa] the root mean square sound pressure.
with pref = 2·10-5 Pa, and ~
LA,n [dB(A)]

A-weighted sound level in frequency band n.
Definition: LA, n = L p , n + ΔAn ,

Lp,n sound pressure level in frequency band n, ΔAn A-weighting in
frequency band n.
LA [dB(A)]

Total A-weighted sound level.

Loss factor [%]
Ratio between energy dissipated in one cycle to maximum stored
potential energy.
Acceleration level [dB]
Definition: La = 10 ⋅ log

a~ 2
, with aref = 1·10-6 m/s2, and a~ [m/s2] the
2
aref

root mean acceleration.
Vibration decay rate [dB/m]
The reduction of acceleration level per unit length as the observation
point is moved away from the vibration source.
MPP

Micro Perforated Plate. Plate with small-size holes. The purpose is to
increase acoustic dissipation by forcing the air to flow through the
perforations.

UIC60

Rail with mass per unit length 60 kg/m approved for use on high-speed
lines by the International union of railways.
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APPENDIX B:

ACOUSTIC COMFORT FOR TRAIN
PASSENGERS
Ulf Carlsson
KTH, Department of Aeronautical and Vehicle Engineering, MWL

1
INTRODUCTION
The sound experienced by high-speed train passengers has no negative health effects.
It may however have negative influence on the passenger comfort. Passengers
working during the journey need an acoustic environment that makes it possible to
focus on their task. Passengers wanting to rest during the journey should be able to do
so without disturbances. Passengers that wish to enjoy an undisturbed conversation
with his or her seat neighbour should be able to have this opportunity. Unfortunately a
train’s passenger compartment houses many sources of possibly disturbing and
annoying sounds. Hence an important issue is how to avoid or minimize the negative
influence of these sounds.
2
ANNOYING SOUNDS IN A TRAIN’S PASSENGER COMPARTMENT
Sounds with certain characteristics are often perceived by humans as annoying.
Examples are sounds with high tonal content, rattling sounds and intermittent sounds.
In a train’s passenger compartment well known examples of sounds causing
annoyance are audible cell phone conversation, conversations between other
passengers, low-frequency rumbling pressure fluctuations from open windows, air
conditioning and ventilation systems, buzzing strip lightings and rattling panels or
waste paper baskets. All these sounds are from time to time present in a passenger
compartment and will contribute to passenger annoyance. So, how can these annoying
sounds be prevented.
3
HOW TO AVOID ANNOYING PASSENGER COMPARTMENT
SOUNDS?
The sources of annoying passenger compartment sound can be divided in two groups,
– one where the sound appears after some usage time and one where the sound exists
from day one. A typical example of the first group is a panel that rattles because it has
come loose due to long time vibration exposure. An example from the second group is
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the low-frequent humming sound from a standing wave in poorly designed ventilation
system.
Annoying sounds from the first group is reduced or eliminated by a combination
of
• careful selection of materials, design and mounting methods that increase the
operation time before effects of vibration exposure appear and
• service and maintenance schemes that include regular survey of for instance
component mounting.
The selection of materials etc can be stipulated in the contract when the train system is
bought.
Sounds from the second group (existing from day one) must be eliminated at
the design stage and should from the buyers perspective be covered in the product
specifications agreed upon in the purchase contract. Then it is important to specify the
allowed sound with limits in a metric that can be measured preferably using a
standardized method. Also it is important to check that the agreed specifications are
satisfied before delivery.
4
ACOUSTIC MASKING
The problem of intrusive background sounds like cell phone conversations is closely
linked to the masking concept. Intrusive background sounds become a problem when
the noise level is too low, normally well below 70 dB. In other words – the noise
caused by the running train masks the other internal sound sources. Consequently a
method to reduce the annoyance from intrusive back-ground sounds is to create a
masking synthetic back-ground noise that does not cause too much disturbance itself
[1=Shafiq]. This idea has been successfully implemented in passenger trains as a
white or pink noise floor emitted in a loudspeaker system. Finally it should be
mentioned that the psychoacoustic concept of critical bands is very useful for the
analysis of masking, se for instance reference [2= Zwikker,Fastl].
5
ALTERNATIVES TO dB(A) – PSYCHOACOUSTIC FEATURES
Traditionally the A-weighted sound pressure level in dB(A) or one of its close
relatives have been used as a measure on both the risk for hearing impairment and
annoyance. It is known since long that the A-weighted sound pressure level works
well in many situations but is not capable of dealing with other situations. Therefore
much work has been spent in the area of psychoacoustics on developing new features
that capture the sound characteristics that influence human hearing sensation in a
better way. Pioneering work in this topic has been carried out by Zwikker and Fastl
whose book [2] is the source of most information in this section.
5.1
Loudness
The loudness in sones [Zwikker & Fastl] is used as a psychoacoustic measure of the
sound strength. The influence of tones and broadband contributions are both readily
accounted of. The overall sound strength in the compartment can be specified using
loudness.
5.2
Tonality
The sound’s tonal character is described with the tonality feature [Terhardt]. The
tonality accounts for narrow-band frequency components more than 7 dB higher than
the neighboring components. The squealing noise generated in narrow curves or
during braking are examples of sounds whose limits can be specified using tonality.
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5.3
Sharpness
Sounds with a higher degree of high frequency content is generally perceived as more
annoying than those with high degree of low frequency content. The sharpness in
acum is a measure of the relative high frequency (where the human audible system is
particularly sensitive) content in a sound. In the passenger compartment of a train
excessive high frequency contents is not likely to be a problem.
5.4
Fluctuation strength and roughness
Sounds with time varying (fluctuating) strength are known to be annoying. There are
two different psychoacoustic features that measure the effect of modulation
– fluctuation strength in vacil and roughness in asper.
Fluctuation strength is developed to describe our sensitivity to low-frequency
modulation (eg coin whirling on bench), in particular the region around 4Hz.
Roughness on the other hand focuses on higher modulation frequencies. Typically
fluctuation strength is the most sensitive of the two up to ca 20 Hz. Above 20 Hz
fluctuation strength gradually becomes smaller and roughness with a maximum
around 70 Hz takes over. Since sounds modulated at around 70 Hz is perceived as
sporty by humans roughness is used in sound quality analysis of cars.
In a train passenger compartment rattle noise created by loose components (eg
panels) and fluctuating pressure in ventilation systems are examples of sounds
described with fluctuation strength.
5.5
Combined features – Acoustic annoyance indices
In some specific situations a combination of psychoacoustic features can provide a
single numerical value that correlates well to the psychoacoustic annoyance reported
by human listeners. Jury investigations with members selected from different target
groups form the basis for these annoyance indices. For high speed trains the
investigation reported in [Letorneaux et al] is an illustrative example. Another
example is [Möller, Wahlström]
One example of a general purpose annoyance index is the sensory pleasantness
[Zwicker, Fastl, paragraph 9.3 and 9.4] that combines the psychoacoustic features
loudness, sharpness, tonality and roughness. Investigations have shown that in terms
of sensory pleasantness sharpness and roughness are important features. An empirical
model for the relative sensory pleasantness P/P0 is,
− 0.7⋅

R
S
N 2
−1.08⋅ − ( 0.023⋅
)
R0
S0
N0

− 2.43⋅

T
T0

P / P0 = e
⋅ (1.24 − e
),
(1)
where P is the sensory pleasantness, R [asper] is roughness, N [sones] is loudness, T is
tonality and index 0 indicates reference value.
Another possibility is to use the psychoacoustic annoyance PA [Zwicker, Fastl,
16.1.4] defined as,
2
PA = N 5 ⋅ (1 + wS2 + w FR
),

wS = ( S − 1.75) ⋅ 0.25 ⋅ log( N 5 + 10) for S > 1.75 acum
2.18
w FR = 0.4 ⋅ (0.4 F + 0.6 R)
N5
where N5 [sone] is the 5th percentile loudness, S [acum] is the sharpness, F [vacil] is
the fluctuation strength and R [asper] is the roughness.
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(2)

6
CONCLUSIONS
A high acoustic passenger comfort with low occurrence rate of particularly annoying
sounds can be achieved by introducing in the purchase contract adequately formulated
measurable limit values in terms of various psychoacoustic features. The limit values
should be based on jury investigations involving representative target groups. Longterm stability against vibrations of components and installations must be secured by
suitable service and maintenance procedures.
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APPENDIX C: Sound quality. Paper presented at ICA Madrid 2007
SOUND QUALITY OF RAILWAY NOISE WITH AND WITHOUT BARRIER
– A LABORATORY STUDY
PACS: 43.50.Lj; 43.66.-x
Khan, Shafiquzzaman
KTH-Rail Vehicles, Teknikringen 8, SE-10044 Stockholm, Sweden; shafik@kth.se

ABSTRACT
Railway noise is a threat to cause disturbances to many communities. This is due to the
increase of railway traffics as well as absence of adequate abatement measures along many
railway lines. Two studies were focused on assessing annoyance of railway noise as well as
investigating the effect of noise abatement for several railways.
Two types of measurements were made for the pass-by railway noises. The first
measurement was made on a small community where the houses were faced to the railway
lines without any noise barrier. The second measurement was taken in another community
considering a wooden noise barrier along the vicinity of the railway line. Binaural technology
was used to measure the noise for five different types of railways according to ISO 3095. Two
listening tests were conducted at a hemi-anechoic room using paired comparisons method.
All the noise stimuli had an equal A-weighted sound pressure level of 80 dB with duration of 7
s long. The results of the first study showed that perception of annoyance significantly varied
although all railway noises had an equal A-weighted sound pressure level. The results of the
second study showed that loudness and annoyance decreased with the presence of a
wooden barrier for passenger trains whereas loudness and annoyance did not decrease
significantly for freight trains.
INTRODUCTION
Noise affects people physiologically and psychologically: equivalent noise levels above 40
dB(A) can influence well-being, with most people being moderately annoyed at 50 dB(A) and
seriously annoyed at 55 dB(A). Levels above 65 dB(A) are detrimental to health [1]. Overall,
the external costs of road and rail traffic noise have been estimated at some 0.4 % of GDP
[2]. It is also estimated that 10% of the population are exposed to railway noise above 55
dB(A) [3].
In Sweden, the total number of trains is sometimes up to 500 per day in the big cities
where 30% of the trains are freight trains [4]. The Swedish Environmental Protection Agency
and Banverket [4, 5] has made a policy for the newly constructed houses. The policies are as
follows:
- 30 dB(A) equivalent level inside the house
- 45 dB(A) maximum level inside the house in the night time
- 55 dB(A) equivalent level outside the house
The recent EU study [3] showed that the noise reception limits from the conventional
lines was 70 dB(A) in Sweden which was higher than the other Nordic countries. Noise
reception limits are commonly defined as maximum allowed average outdoor levels (dB(A)) at
the receiver. Also it appears from the research studies that the railway noise is a significant
problem for the community nowadays. Railway transport has increased in the community in
recent years and thereby producing serious annoyance or sleep disturbances to the
residents. There were considerable discussions among the researchers whether dB(A)
measurement technique explicit annoyance perceptions. This types of measurement
techniques often under estimates the annoyance [6 – 8].
The problem of railway noise disturbance involves the complex interaction of a
number of physical, biological, psychological and sociological processes. The relevant
physical factors include those which are associated with noise generation, e.g. railway type
(passenger or freight), mode of operation (mainly day or night), frequency (e.g. how often the
train runs), speeds and the resulting noise level. The other critical components are the human
factors (e.g. perception, habituation, attitude, etc.), which include the basic biological systems
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of audition followed by the psychological processes that interpret these signals and can
include health status, annoyance and stress. The further interpretation of noise disturbance
can be subjected to sociological conditioning that may include factors such as socio-economic
status, cultural and lifestyle differences.
There are communities in Sweden where noise barriers do not exist. These
communities are relatively small and exposed to very high level of railway noise since their
dwellings are situated very close to the railway lines sometimes within 10 - 15 m. On the other
hand, bigger communities are protected by the noise barriers but complains of railway noise
are often higher. The barrier reduces the overall A-weighted sound pressure level but does
not account the perception of annoyance. Consequently such steps of reducing noise
emissions are not always decreasing the perception of disturbance towards the railway noise.
Therefore, a new measurement technique should be developed not only on the basis of dB(A)
but also based on the other psychoacoustic parameters (e.g. loudness, sharpness,
irregularity, tonality, etc). At present, two studies are considered to determine the sound
quality of external railway noises. The first study is concentrated on determining if equal dB(A)
level predicts the annoyance of railway noises for the community where there is no noise
barrier. The second study aims at determining the sound quality of a wooden noise barrier for
the community where the noise barrier was installed along the vicinity of the railway line.
METHODS
Noise measurements
Two types of measurements were made for pass-by railway noises. The first measurement
was made on a small community where the houses were faced to the railway lines without
any noise barrier. The second measurement was taken in another community considering a
wooden noise barrier along the vicinity of the railway line. There were about 13 wooden
barriers, each with a height of 0.93 metre and 0.72 metre top of the rail. The total length of the
noise barrier was about 25.7 metres. The barrier was placed 1.7 metre from the centre of the
tracks. All wooden barriers were attached to each other with vertical steel beams where the
bottoms of the steel beams were connected to the rail-foot with strong magnets and screw
clamps. The aim of the barrier close to the railway line is to have better sound quality effects
of railway noise and also not to distract the view of the residents or rail passengers.
B & K artificial dummy head was used to measure the railway noises in both
conditions [9]. The ear of the dummy head was placed at 1.2 m from the surface of the
railway line. The first measurement was made on 7.5. m and 25 m distance from the middle of
the tracks (see Figure 1) whereas the second measurement was only made on 7.5 m from the
middle of the tracks.

25 m

4.5

3.5
4.5

7.5
1.2

Figure 1 Measurements setup
All the measurements were recorded on a DAT recorder for post-processing of the
measurement data. The speed of the train was made by a Hand-Held Radar Speed Detector.
External noise measurements were made on the following trains:
− X2000 (X2): High-speed, long-distance electric trains from the 1990s. Maximum operating
speed is 200 km/hour. Rubber suspended bogies with air suspension and disc brakes
(disc brakes are located on wheel axle for trailer cars).
− Inter-City (IC): Electric loco-hauled long distance train from the 1980s. Maximum speed
160 km/h. Bogies with coil springs (steel) and tread brakes.
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− Regional Duplex (X40): Medium distance double-deck train, newly built electric multiple
units introduced from 2005. Maximum speed 200 km/h. Bogies with air suspensions and
disc brakes on wheels or axles.
− Freight Train (FT) with maximum speed of 100 km/h. Running gear of ordinary type of
tread brakes.
− Commuter Train (CT) with maximum speed of 120 km/h. Bogies with air suspensions and
disc brakes.
The other conditions of the first measurement were wind speed of 1 approximately m/s,
temperature + 7° C, humidity 84% – 86% and UIC60 rail with 10 mm rail-pad.
Stimuli preparations for laboratory studies
All the railway noises were prepared 7 s long for the first listening test. Here two of the railway
noises were required to be modified. In particular, recorded X40 railway noise was very short
(about 2 s) that was the reason to add more coaches to this train in order to make a 7 s long
stimulus. On the other hand, the number of wagons for the freight train was decreased to
make a 7 s long stimulus. All of these railway noise stimuli were digitally prepared using MTS
Sound Quality Module software. All the stimuli had an equal A-weighted sound pressure level
of 80 dB. An example of X40 railway noise is shown in Figure 2. The duration of the noise
stimuli in the second listening test was same as original duration but all the noise stimuli had
an equal A-weighted sound pressure level of 80 dB.
A-weighted sound pressure level

100
original signal for both channels
80
modified signal for both channels

60

40

20

0

1

2

3

3
4
time in minute

5

6

7

Figure 2.-Stimuli preparation for the first listening test
Test subjects
Thirty subjects participated in the first study whereas 20 subjects participated in the second
study. The age range of the first study was varied from 18 years to 57 years whereas for the
second study it was varied from 20 to 48 years. Equal number of male and female subjects
participated in both of the listening tests. Prior to listening tests each subject had gone
through an audiometric test. All subjects exhibited normal hearing audibility in each octave
band from 125 Hz to 8 kHz [10].
Listening tests
Listening tests for both studies were conducted in a hemi-anechoic room at Marcus
Wallenberg Laboratory (MWL) at KTH. The second study was conducted eight months later of
the first study. There were five railway noise stimuli in the first study whereas there were only
two noise stimuli (X2000 and Freight trains) in the second study. The paired comparisons
method was used in both studies. Pairs were randomly played using headphones (AKG 501)
in both A-B and B-A orders. There was a silent pause of 2 s between the sounds in the pair.
After presentation of each pair subjects were asked to rate their judgements on a scale on
which one sound in the pair was more annoying or equally annoying and how much this
sound was more annoying than the other one, see Figure 3.
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The distributions on the rating scale were: “A is much more annoying than B” was rated at 10,
“B is much more annoying than A” at 0, and “A and B are equally annoying” in the middle
point of the scale at 5. Subjects were instructed to consider that the degree of annoyance
increased towards the extremes. The distance along the scale from 0 to the marked judgment
score was the result for stimulus A, and 10 minus the distance to the marked judgment was
the score for stimulus B. For an equal judgment between a pair of stimuli, a score of 5 was
given for both stimuli. In this way, the rating of the stimulus on the annoyance scale for each
subject was calculated by summing all the scores in the column and dividing by the total
number of stimuli.

A is much more
annoyaing than B

A and B are
equally annoying

B is much more
annoying than A

Figure 3.-Scaling technique
RESULTS & DISCUSSIONS
Sound measurements
The sound level measurements of all train noises of the first study are shown in Table I.
Table I.- dB measures in 1st measurement
Types of trains
X2000
IC (1980)
X40
Commuter
Freight

Speed
(km/h)
178
172
166
70
100

Time in
second
4
4
1.8
4.5
24

7.5 m distance (dBA)
r.m.s
max
93.3
98.3
102.2
104
89.4
91.7
81.2
84.2
100.7
103.7

25 m distance (dBA)
r.m.s
max
87.8
91.1
98.3
100.2
85.2
88
74.4
76.8
96.7
98.8

The Table I shows that A-weighted sound pressure level decreases between 4 and 7 dB in
respect to the distances (7.5 m and 25 m) but depending on the types of trains.
Subjective response
The results of the analysis of variance for the railway noises recorded at 7.5 m distance
showed that there were significant differences in annoyance judgments between the railway
noise stimuli. However, there was no significant difference observed between males and
females subjects on their annoyance judgments.
The judgment of annoyance for various railway noise stimuli is shown in Figure 4. The
Figure shows that double-deck (X40) is more annoying than any other type of trains at the
nd
same A-weighted noise level and duration. Freight train (FT) is shown as 2 least annoying
even though peoples are usually more annoyed by this train due to its prolonged pass-by time.
The popular Swedish high speed train X2000 (X2) is shown as 2nd most annoying. The
interaction effect of railway noise stimuli and gender is shown in Figure 5. The Figure shows
that male subjects are slightly more annoyed by X2000 and X40 compared to female subjects
who were more annoyed by Inter-City (IC) and Freight train (FT). However, these differences
are comparatively small and not very significant.
The results of the second listening test showed that there was significant difference in
annoyance judgments for both X2000 and freight trains. Annoyance judgments for X2000
decreased when the noise barrier was present whereas annoyance judgments remained the
same for the freight train with or without noise barrier.
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Figure 4 Error bar plot of annoyance judgments with 95% confidence interval for first listening
test
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7
6
5
4
3
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Figure 5 Mean annoyance interaction plot between male and female subjects for first listening
test
Sound quality analysis
Several sound quality parameters of the second measurements are shown in Table II. The
Table shows that loudness decreases significantly in the presence of a wooden noise barrier
whereas other sound quality parameters remain the same for both passenger and freight
trains. Reduction of loudness due to the noise barrier is higher for passenger trains than in
case of the freight trains.
Table II.- Sound quality analysis of original sounds in 2nd measurement
Type of
trains
X2000
X2000*
Freight
Freight*
*
With noise barrier

dBA
104.0
99.8
101.3
99.7

Loudness
(sone)
61.8
51.5
53.2
49.8

Sharpness
(acum)
1.623
1.568
1.679
1.536
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Roughness
(asper)
0.389
0.373
0.335
0.393

Tonality
0.020
0.023
0.021
0.024

80
A-weighted sound pressure level

A-weighted sound pressure level

80
70
60
50
40
X2000
X2000 (NB)

30
20
10
0
20

50
31.5

125
80

316
800
2000 5000
200
500
1250 3150 8000
one-third octave band in Hz

70
60
50
40
Freight Train
Freight Train (NB)

30
20
10
0
20

50
31.5

125
80

316
800
2000 5000
200
500
1250 3150 8000
one-third octave band in Hz

Figure 6 Third-octave band spectra for passenger and freight trains. NB = with noise barrier
Figure 6 shows that a wooden noise barrier gives a reduction in the A-weighted sound
pressure level for passenger (X2000) trains more or less in all over the frequency regions.
However, the reduction of A-weighted sound pressure level in higher frequency regions i.e.
from 2 kHz to above could not be observed for freight trains. This might be the reason that
subjects did not find any significant difference in annoyance judgments with or without noise
barrier for freight trains.
CONCLUSIONS
Two listening tests were conducted in a hemi-anechoic room in two occasions on several
pass-by railway noises. All the stimuli had an equal A-weighted sound pressure level of 80 dB
and the same duration (7 s). The first listening test revealed that annoyance judgments varied
between the railway noises in spite of an equal A-weighted sound pressure level. The second
listening test yielded that noise barrier reduced the loudness but remained unchanged for the
other sound quality parameters like sharpness, tonality or roughness. Perception of
annoyance for the passenger trains significantly decreased with the presence of a noise
barrier but the perception remained the same for freight trains with or without presence of a
noise barrier. The reliability of both listening tests were shown to be 100% since there were
no differences in annoyance judgments between A-B and B-A orders in both paired
comparisons tests. This type of laboratory studies showed a good agreement with the field
studies in earlier experiments.
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Abstract
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Abstract
Structure-borne sound is contributing significantly to the interior noise level in modern
electrical multiple unit trains. The aim of the experiments and simulations performed for this
work is to identify the transmission paths for structure-borne sound in the bogie. The noise
generated at the wheel/rail contact is transmitted over the primary suspension into the bogie
frame. Other sources are the motor and the gear in the bogie. From the bogie structure the
vibrations are transmitted through the secondary suspension into the car body structure. The
focus of this analysis is on the transmission through the secondary suspension. In order to
reduce the noise transmission into the car body the contribution of the different coupling
elements in the secondary suspension has to be quantified.
For the experimental analysis of the structure-borne sound transmission several approaches
are performed and compared. The dismounting of coupling elements is used to identify the
contribution of coupling elements on the acceleration and sound pressure level in the car
body. The results show that the yaw damper has the dominating contribution on the structureborne sound transmission. Since the dismounting of several elements is costly and restricted
to stationary measurements other methods are also used for the analysis of the transfer paths.
A quantification of the transmitted power and a ranking of the coupling elements are only
possible if the operational forces in the coupling elements are known. The direct measurement
of the forces is a direct but costly approach because every element has to be equipped with
force transducers. Instead an indirect calculation of the forces using the responses at the
coupling points and the mobility matrix of the receiver structure is used. The difficulty of this
method is that it requires the inversion of the mobility matrix. A bad conditioned matrix with
small singular values leads to an amplification of errors in the measured responses and
mobility matrices. A regularisation method is applied in order to reduce this error. The
comparison of the error of the recalculated velocities which is not included in the force
calculation approves the potential of the regularisation method. The result diverges however
from the result received from the transfer functions between the accelerations in the bogie and
car body. The most outstanding difference is that the force level and also the transmitted
power in the yaw damper are lower than in the vertical damper.
For the experiments with the running vehicle, measured forces in the yaw and the vertical
damper are available. The comparison show that the indirect determination of the forces in the
yaw damper leads to an underestimation. For the vertical damper differences up to 10 dB
between the measured and the calculated force are received.
For the construction of rail vehicles the prediction of structure-borne sound transmission is an
important task. Therefore, tools for the simulation of the dynamic behaviour of the vehicle at
high frequencies are needed. In the work the difficulties are discussed and a simple elastic
model for the bogie is presented. The dominating contribution of the yaw damper on the
structure-borne sound transmission is received also with the model. For a more accurate
prediction the modelling of the coupling elements has to be improved. Beside the yaw and
vertical damper, for which measured frequency dependent stiffness are used, the dynamic
properties of the coupling elements are described by simple analytical models with frequency
independent parameters.
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1 Introduction
Structure-borne sound is contributing significantly to the interior noise level in modern
electrical multiple unit trains. The noise has it’s origin in the rolling contact between wheel
and rail, in the gearbox as well as in the traction motor. From the bogie the structure-borne
sound is transmitted through the coupling elements of the secondary suspension into the car
body. It propagates through structure parts of the car body and leads to a radiation of sound.
In order to reduce the noise level in the car the transmission paths of the structure-borne
sound have to be identified. The focus of this analysis lies on the transmission through the
secondary suspension with the air spring, the traction link and several dampers. The difficulty of
the analysis is the frequency range which lies between 30 and 500 Hz. The fairly high
frequencies make it difficult to analyze the problem with classical tools like FEM or multi
body systems. For high frequencies a high resolution of the FE model is required leading to
very large and complex models. In multi body programs usually no elastic bodies are
considered. Therefore, the analysis of structure-borne sound transmission is still depending a
lot on experimental methods. The Transfer Path Analysis (TPA) is an experimental approach
expected to be well suited but still difficult to use for the bogie – car body system.
In this work different experimental methods are elaborated in order to perform a transfer path
analysis of structure-borne sound transmitted through a railway bogie. The noise transmission
can be only reduced effectively if the coupling elements with the highest contribution on the
noise transmission are identified. This requires a ranking of the different transfer paths as a
function of the frequency. The work is based on data measured on a stationary vehicle as well
as on a vehicle under running conditions.
The experimental analysis of structure-borne sound is costly and requires an existing vehicle
on which the measurements are performed. In order to consider and predict the structureborne sound transmission already in the design phase of the vehicle, numerical models are
needed. As explained above, the application of classical modeling tools is problematical. It is
therefore necessary to develop and evaluate modeling tools. In this work a numerical model of
the bogie is used for the prediction of structure-borne sound transmission. The numerical
results are compared with the experimental results in order to evaluate the applicability of the
model.
The work is divided in a theoretical part and the application for the Regina 250. In chapter 2
an introduction to acoustics of railway vehicles is given. The differences between air-borne
and structure-borne sound is emphasized. Chapter 3 describes the theory of the transfer path
method. It is based on the idea to determine the operational forces and the transmitted power
from the measured velocities at the coupling points and the dynamic properties of the receiver
structure. Different approaches and difficulties of this indirect method are illustrated. The
second part of this works treats the experimental investigation of the Regina 250 train. First
an overview about this project is given in chapter 4. Chapter 5 treats the performing of the
experiments and presents the results. The last part of the work deals with the numerical
modelling of the bogie.

2 Acoustics of railway vehicles
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2 Acoustics of railway vehicles
2.1 Basics
Acoustics has become an important aspect in the development and construction of railway
vehicles. One reason is that the requirements on railway vehicles concerning the noise
pollution of the environment become stricter. While the test conditions and limit values were
defined in commercial contracts between supplier and customer in the past they are now
regulated within new legislation. These legislations are part of the Technical Specification for
Interoperability defining common technical standards in Europe. Therefore it is important to
identify the sound sources in railway vehicles and to seek after measures reducing the noise
generation.
Beside the acoustic becomes more important due to new construction principles. The trend is
to use leightweight structures in order to reduce the energy consumption and to save cost.
Beside, traditional trains with a locomotive and wagons are replaced by trainsets. These
trainsets often have the propulsion distributed along the whole train that means that several
wagons in the train are equipped with engines and components of the propulsion system.
These components create noise and vibrations and influence the dynamic properties of the
structure. Since they are installed near the passenger compartments the generation and
transmission of noise and vibrations is an important aspect in the construction process of
railway vehicles.
The engineering work in acoustics contains two main questions. First, the noise sources in the
vehicle and the propagation behavior of the noise have to be identified. This can be done
either with measurements or with adequate models of the vehicle. The difficulty in acoustics
is, that normally various sources contribute to the overall noise level. Thus, it is important to
identify each source and its contribution individually. Measures for the reduction of the
overall noise level will be successful only if they concentrate on the dominating sources. The
developing and testing of noise reduction measures is the second task for engineering work.
The efficiency of these measures has to be analysed again either with experiments or with
simulations using a model.
In the following an introduction to different noise sources and transmission mechanisms in
railway vehicles is given. More information about these subjects can be found in various
references [13], [24] and [35].
An important and evident source is the noise generated by a wheel rolling on a rail [35]. It is
caused by structural vibrations of the wheel, the rail and the sleepers due to irregularities in
the contact surface between wheel and rail. Thus, important factors influencing the rolling
noise are the roughness and stiffness of the rail and the wheel. Since the wheel rail contact is
not screened in conventional trains the noise radiation of this source contributes essentially to
the overall noise.
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Figure 2.1: Sound pressure distribution of an ICE-S train traveling with 290 km/h
derived with a 96 microphone array (reference [13])

At high operation velocities the aerodynamic noise contributes significantly to the overall
noise radiated by the vehicle. Figure 2.1 shows the sound pressure distribution of an ICE-S
train derived with a microphone array in a pass-by measurement. It can be noticed, that the
aerodynamic noise generated at the pantograph and at the driving cab is significantly high.
Under stationary and low speed conditions the rolling and aerodynamic noise sources do not
appear. However, there are noise sources creating significant noise levels when the train is
arriving or leaving at the platform. In order to reduce the noise exposure in stations it is
important to identify the sources and to reduce the emitted noise. For powered railway
vehicles the traction noise is an important noise source especially for speeds below 60 km/h.
For acceleration conditions the traction noise can be dominant even for higher velocities.
Traction noise is generated by a wide variety of different noise sources which are associated
with the propulsion system and auxiliary systems. The noise of internal combustions engines
contributes significantly to the overall sound generation. In electrical vehicles auxiliary
systems are dominating. Especially in stations and in the passenger compartment the noise
from cooling systems for propulsion equipment, heating ventilation and air conditioning is
important.
In order to reduce the sound level in the car body efficiently it is important to know how the
sound is transmitted. In general, the transmission through air and the transmission through a
structure are differed.

2.2 Structure-borne sound
Structure-borne sound describes structural vibration with relative small amplitudes at
frequencies from approximately 20 Hz to maximal 20 kHz. If these vibrations propagate
through a structure they excite the surrounding air and cause sound. Structure-borne sound
has to be differentiated from structural vibrations below 20Hz. Low frequency vibrations have
higher amplitudes and influence the ride comfort of railway vehicles.
For rail vehicles structure-borne sound has become more important since weight-saving
desing, which is used in order to reduce costs and energy consumption of the railway vehicles
results in a reduction of inherent structural damping compared to classical design.

2.2 Structure-borne sound
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All coupling points between the bogie and the car body form paths transmitting vibration
energy into the structure. The sound transmitted through the bogie structure into the car body
is called primary structure-borne sound and depends on the design of the coupling points at
the car body structure and the isolation of the interior. In the car body the sound is radiated by
several elements like floors and casing of walls and the ceiling.
From the primary structure-borne sound the secondary structure-borne sound is differentiated.
It describes sound waves which are transmitted through the air and impinge on the car body
causing structural vibrations.
The share of the structure-borne sound on the whole interior noise depends on many factors
like the frequency, the speed, the state of the rails and wheels, the position inside the coach
and the quality of the damping of the airborne-sound. If the car body is well isolated against
air-borne sound the low frequency noise in the coach is mainly caused by structure-borne
sound. Above 500 Hz the influence of structure-borne sound becomes smaller. Measurements
show that the car body floor is the most important source in the car body. The transmission
behaviour of the secondary suspension can be described by a transfer function relating the
acceleration on the bogie frame with the acceleration in the car body.
The structure-borne sound is transmitted in form of different wave types. In case of the
longitudinal wave the direction of the particle displacement coincide with the direction of the
wave propagation. Pure longitudinal waves can appear only in structures whose dimensions in
all directions are much greater than the wavelength. Therefore, for technical structures pure
longitudinal waves do not appear. For detailed information about the different wave types and
their mathematical description, reference [7] is recommended.
In technical structures which are assembled by beams and plates quasi-longitudinal waves
appear. For these structure elements at least one of the dimensions is small compared to the
wavelength. If longitudinal waves propagate in these structures a contraction of the crosssection appears. The strain in cross direction and the axial strain are proportional and related
by the Poisson ratio.
Because solids can support tangential stresses transverse plane wave motions occur. For this
wave type the direction of the displacement is perdendicular to the direction of the
displacement.
The most important wave type for structure-borne sound transmission is the bending wave.
These waves cause large lateral displacements. Bending waves are represented by four field
variable compared to the other wave types which are only represented by two variables. These
variables are the transverse velocity of an element, the angular velocity, the bending moment
and the shear force transmitted across the section.
The phase velocity of bending waves depends on the frequency. The phase velocity describes
the propagation velocity of a sinusoidal wave at a defined frequency. Bending waves in
structures are composed by various sinusoidal components with different phase speeds. These
sinusoidal waves form wave-packages which propagate with the so called group velocity. The
group velocity is of interest since it determines the energy transport.
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The phase velocity of a bending wave is calculated from the wave equation as:

cB = 4

B
ω
m'

(2.2.1)

For plates of thickness h a simplified formula is used.

c B = 1.8c LI hf

(2.2.2)

For bending waves the group velocity is twice the phase velocity.

2.3 Air-borne sound
The transmission of sound from the source to the receiving structure through air is called airborne sound. The main sources for air-borne sound are the rolling noise of the wheels,
aerodynamic noise sources and the noise caused by aggregates like fans.
A part of the noise generated by these sources is transmitted through air and intrudes to the
coach through openings like ventilation systems, doors and openings for cable. This fraction
of the air-borne sound is called primary air-borne sound and should have a marginal influence
on the overall sound in the coach. More important is the air-borne sound which impinges on
the car body and cause structural vibrations. In figure 2.3.2 different propagation paths of
sound into the coach are shown.

Figure 2.3.2: Sound transmission into the coach (Reference [4])

For the shaker measurements performed in this analysis, the air borne-sound is neglected. It is
assumed that the response in the car body is only caused by the structure-borne sound
transmitted over the coupling elements of the secondary suspension.

3 Transfer Path Analysis
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3 Transfer Path Analysis
The primary aim of this work is the identification and ranking of the transmission paths for
structure-borne sound through the secondary suspension. This procedure is called Transfer
Path Analysis. In a complex structure like a rail vehicle the structural vibrations and the sound
pressure in the coach are caused by different sources and transmission paths. In order to
reduce the sound pressure level in the coach, the sources and the transmission paths have to be
identified and ranked according to their contribution on the response. For the bogie–car body
system the transmission paths are known. They are given by the coupling elements of the
secondary suspension containing the air spring, the vertical damper, the yaw damper, the
lateral damper, the anti-roll bar and the traction link.
According to the literature [30], the process of structure-borne sound transmission can be
subdivided into four main stages. The first stage is the generation of vibration, in this case the
wheel/rail contact and the traction motor. The oscillatory energy is transferred over one or
several paths, the coupling elements of the secondary suspension, into the car body
representing the receiver structure. The third stage describes the propagation of structural
vibrations in the car body. These vibrations cause radiation of acoustical power, recognized as
audible noise in the passenger compartment.

Figure 3.1: Stages of structure-borne sound transmission (Reference [30])

In order to quantify the contribution of every transmission path on the total structure-borne
sound transmission, the energy flow has to be identified. Therefore the force and the velocity
at every coupling point have to be known. If a force F is acting on a structure the power input
due to this force is calculated by:
Qin = F * v

(3.1)

Q represents the complex power containing both a reactive and an active power flow. The
reactive power is given by the imaginary part of the complex power and describes a
fluctuating part which doesn’t contribute to the power flow from the source to the receiver
system. Therefore, only the active part of the complex power should be considered. This is the
real part of the complex power calculated by:
Pin = real ( F * v)

(3.2)

Since force and velocity are related by the mobility the power flow can be alternatively
calculated with either the force and the mobility or the velocity and the mobility at the
transmission point. The mobility is a frequency response function (A 2.8- A 2.11) defined as
the ratio between the velocity and the force. If force and velocity act at the same point, it is
called point mobility. In contrast the transfer mobility describes the relation between force
and velocity acting at different points.

3 Transfer Path Analysis
vi
Fi
v
= i
Fj
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M po int ii =

Point mobility

(3.3)

M transferij

Transfer mobility

(3.4)

With the point mobility M of the receiver structure the power flow at a coupling point can be
calculated with:
2

Q = F *V = F * FM = F M

(3.5)

Another description for the complex power can be used if the point mobilities of the receiver
structure MR and the source MS as well as the velocity of the free source VFS that means the
uncoupled source are known. For a single coupling point and a single component the relation
between the velocity V and the force F at the coupling point is described by the following
formula:
VR = M R FR = M S FS + VFS

(3.6)

index R: receiver
index S: source

Due to the equilibrium condition the force acting on the receiver structure FR and the force
acting on the source FS are the same. VFS is the velocity of the free source at the contact point.
It is measured when the source is not connected to the receiver structure. With formula 3.6 the
complex power is obtained as:
Q=

VFS

2

MS + MR

2

MR

(3.7)

It has to be considered, that the formulas 3.6 and 3.7 are only valid if the source and the
receiving structure are coupled with one element. Besides, it is assumed that the force is only
acting in one direction. Forces in other directions and moments are neglected. If this
simplification is not possible, additional terms appear which represents the coupling between
different components at one point. These cross coupling terms involve the coupling between
different directions and the effect of rotations and moments.
For the bogie–car body system the source and the receiving structure are coupled at several
points. Therefore, the response at one point Vi is the results of forces F at all coupling points
and beside the point mobility Mii also transfer mobilities Mij have to be considered.
Vi = F1M 1i + F2 M 2i + ... + Fi M ii + ... + Fn M ni

(3.8)

In general, six point mobilities are required for the description of each contact point since
forces and moments can act in every direction. If all transversal and rotational degrees of
freedom are considered the system is characterized by a 6Nx6N matrix where N is the number
of coupling points. For a linear structure, the reciprocity principle is valid.
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The transfer function between two points depends only on the structure properties and not on
the question which of these points is source and which receiver point. Taking the reciprocity
into account the mobility matrix is symmetric.
M ij = M ji

(3.9)

The direct measurement of forces is usually difficult to perform. Coupling elements have to
be equipped with strain gauges or piezoelectric force transducers have to be coupled into the
structure. On the other hand, the acceleration and velocity are relatively easy to measure. The
approach is therefore to calculate the forces at the coupling elements with the measured
velocities and mobilities. This procedure is called indirect force calculation.
ur
ur
ur
V
−1
M = ur
⇒F=M V
F
M : Mobility matrix
ur
V : vector of measured velocities
ur
F : vector of forces

(3.10)

If the complex dynamic stiffness of the coupling elements is known, the operational forces
can be also determined with the differential displacement over the coupling element and its
stiffness.

Fk (ω ) = k k (ω ) ( xk , above (ω ) − xk ,below (ω ) )

(3.11)

The difficulty is that usually no information about the dynamic stiffness for high frequencies
is available. The dynamic stiffness of the coupling elements has to be measured under defined
conditions in a test rig. Reference [38] describes how the stiffness of a coupling element is
measured as a function of excitation frequency for known loading conditions.
For every frequency the ratio between force and displacement is expressed as a complex
stiffness. Since many coupling elements contain viscoelastic materials the complex stiffness
depends on several parameters like preload, frequency, strain amplitude and strain history.
The coupling element itself causes internal resonances at high frequencies.
For the measurement of the dynamic stiffness to methods can be used, referred to as the direct
and the indirect method. For the direct method the coupling element is mounted between a
blocked termination and an actuator which provides the excitation. The stiffness is measured
directly by using a force transducer to measure the force and a displacement transducer to
measure the displacement. With test rigs using this method usually frequencies up to 300 Hz
can be considered.
For the indirect method the force is not measured directly but received from the small
vibration of the blocking mass which has a known mass.

3.1 Indirect force calculation
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3.1 Indirect force calculation
The aim of the analysis is to identify the power transmitted over every coupling element
between the bogie and the car body. In order to quantify the power flow, the operational
forces have to be known. If the forces acting on a structure are determined they can be used
also as input data for a numeric model. With a multi-body model or a FE model of the
structure the effect of different design changes (mass, stiffness and damping) can be
investigated.
The forces are determined indirectly using the measured response of the receiving structure
and a dynamic model of the structure. This model can be received in different ways. If the
structure is very simple an analytical mathematic description can be used. The equations
relate directly the vibration response of the structure to the excitation forces. However, for
complex structures in engineering applications analytical descriptions are not possible.
A second approach is the use of numerical models. The receiving structure is discretised with
simple elements for which the equations of motion are known. The accuracy of the results
depends on the resolution of the model. For the analysis of structure-borne sound frequencies
up to 500 Hz or more have to be considered. In this frequency range the modal density is
high. The behaviour of the structure is characterised by many local modes demanding models
with a high resolution.
A third approach which is used in the following is to determine the dynamic behaviour of the
receiving structure experimentally. Corresponding to the numerical model the structure is
discretised by defining a finite number of measurement points at the structure. If the sources
are not known this task can be very difficult. For the car body structure the number and
position of the sources are known. They are represented by the coupling elements of the
secondary suspension which transmit the structure-borne sound into the car body structure.
Between these coupling points the transfer functions are measured relating the force at one
point to the velocity response at another point. These transfer functions are arranged in the
mobility matrix M.
The difficulty of the indirect method is that the inverse of the mobility matrix has to be used
in order to calculate the forces from the measured responses (formula 3.10). In order to get
reliable results for the indirect calculated forces the model of the structure has to be well
conditioned. This demands that three requirements are fulfilled.
First the solution of the problem must exist. Secondly the solution has to be unique and as a
third requirement it has to be stable. Small differences in the input values (velocities) shall not
lead to large differences in the calculated forces. The solution should be insensitive to
different kinds of small errors. These errors can be random measurement errors or errors in
the model of the structure. In general, an inverse problem may have no or several solutions.
The calculation of the forces consists of two stages. In a first stage the mobility matrix of the
receiving structure is determined by measuring the transfer functions between the excitation
points and the receiver points of the structure. For this measurement the receiving structure
has to be dismounted from the source structure. Therefore the car body is disassembled from
the bogies and lifted with supports. It has to be assured that all coupling points have free
boundary conditions requiring that no forces are acting.

3.1 Indirect force calculation
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Then the mobility matrix including all point- and transfer mobilities of the structure is
measured in the following way. A force is applied at one coupling point while all other points
have free boundary conditions and the responses due to this single force are measured at all
coupling points. Force and velocity signals are transformed in the frequency range and the
point and transfer mobilities are calculated. In the matrix description of the system this
corresponds to one column of the total mobility matrix. The analysis of the data from the time
signal to the frequency response function is explained in Appendix 2.

M ij =

Vj
Fi

V1   M 11
V   M
 2   12
 ..  =  ..
  
 ..   ..
Vn   M 1n

.. M i1 .. M m1   0 
.. M i 2 .. M m 2   .. 
.. ... ..
..   Fi 
 
.. ... ..
..   .. 
.. M in .. M mn   0 

(3.1.1)

For simple structures with a relatively low modal density and a low modal damping the
measured transfer functions can be used for a modal analysis. With a modal analysis the
modal parameters modal frequency, modal damping and modal shape are determined for a
structure for all modes in a frequency range of interest. The mode shape describes the
deflection pattern of the structure and the modal frequency the frequency at which this mode
appears. Mathematically, the mode shape defines a deflection pattern which is only caused by
one isolated mode. In order to receive the real deflection pattern the model shapes of all
contributing modes have to be superposed. As a requirement for this superposition the
structure has to be linear. Modes can be either normal or complex. While normal modes are
characterised by the fact that all parts of the structure are moving either in phase or 180° out
of phase, complex modes can have every phase relation. In structures with localised damping
due to reinforcements which is the case for the analysed car body complex modes will appear.
With this data an idealised modal model can be synthesised and used for the force calculation
instead of the measured model which is corrupted by noise. Each mode has to be represented
by a single degree of freedom model.
In practice, single modes can be only identified if the modes are sufficiently separated in the
frequency range, so that the measured mode shape is mainly caused by one mode.
Due to the complexity of the car body structure and the frequency range of interest with a
high modal density the modal analysis is very difficult to perform. The modes are heavily
coupled indicating that the response at any frequency is a combination of many modes.
However, it has to be considered that the transfer functions are not used for a fully modal
description of the car body structure (modal model including all modes). For such a complex
structure the number of degrees of freedom that means the number of measurement point has
to be much higher. First of all the transfer functions are used to relate the force at one
coupling point to the response at the other coupling point (dynamic model). The behaviour of
the structure between these coupling points is not the focus of this analysis.
In the second stage the receiving structure is coupled to the source structure. Then the forces
in the coupling elements are calculated with the measured responses and the mobility matrix
of the receiver structure (formula 3.10)
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For the analysis of structure-borne sound transmission both stationary measurements and
measurements under running conditions are performed. The stationary measurements are
carried out with a shaker excitation at the axle box. The accelerations and velocities are
measured below and above several coupling elements of the secondary suspension.
Beside, accelerations are measured in the axle box below the secondary suspension, on the
bogie frame and in the car body. With the velocities at the coupling points and the mobilities
the forces are calculated.
The inversion of the mobility matrix is the critical point in the inverse force calculation. It has
a significant influence on the accuracy of the calculated forces since measurement errors can
be amplified enormously. It is therefore important to evaluate the applicability of the mobility
matrix for the indirect force calculation and to develop approaches to improve the results. In
literature ([12], [22], [36], [37] and [41]) several approaches and methods have been
developed for the indirect force calculation.
An obvious approach is the inversion of the mobility matrix requiring that the number of
excitation points is equal to the number of response points.

ur
−1 ur
F (ω ) =  M (ω )  V (ω )

(3.1.2)

For many systems this is not the case since over determined systems are used for which the
number of response points is higher than the number of excitation points. Thereby the solution
can be stabilized and improved.
For a non-over-determined system a mathematical exact result is obtained. However, the
result will be often insufficient since random errors in the measurement data can cause
enormous errors in the result. This problem can be demonstrated if the calculated forces are
used to recalculate a response which was not included in the force calculation. If this
recalculated response is compared with the measured result, high discrepancies are found.

If the parameters of a physical system are extracted from measurements or operational forces
are calculated, sufficiently high over-determined systems should be used. The mobility matrix
of an over-determined system is rectangular consisting of m lines corresponding to m
response points and n columns corresponding to n excitation points. For the inversion the least
square method is used minimizing the Euclidian norm of the difference between the measured
and the recalculated responses.
!
ur
ur
V (ω ) − M (ω ) F (ω ) = min

(3.1.3)

The calculated forces are the result of an optimisation leading to the smallest deviation
between the measured response X(ω) and the recalculated response M(ω)F(ω).
Mathematically, the least square method requires the multiplication of equation 3.1.3 with the
Hermitian transponse of the mobility matrix M obtaining the so-called normal equation 3.1.4:
ur
*
* ur
M ( ω ) M (ω ) F ( ω ) = M (ω ) V (ω )

(3.1.4)
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It can be proved that the solutions of this normal equation are also the solutions of the least
square problem 3.1.3. From equation 3.1.4 the solution for the force F(ω) is found to be:
ur
ur
−1
*
*
F (ω ) = M (ω ) M (ω ) M (ω ) V (ω )
14444244443

{

}

pseudo inverse M (ω )

(3.1.5)

+

Using the pseudo inverse the following formulation is obtained:
ur
+ ur
F (ω ) = M (ω ) V (ω )

(3.1.6)

In order to receive a distinct solution of the least square problem the matrix M*M has to be
regular requiring the mobility matrix to have maximal rank n. This is the requirement for the
matrix M*M to be invertible and the normal equation 3.1.5 can be solved for the unknown
forces F(ω).
Mathematically, the solution received with the least square method is not exact and if the
velocities are recalculated and compared with the measured velocities used in the force
calculation differences will appear. The least square method is only an approximation which
depends on the quality of the measured data. The input data for the indirect force calculation
including the measured velocities and mobilities are always corrupted by errors. But in
contrast to a non-over-determined system, the negative effect of measurements error on the
solution can be reduced with over-determined systems.

3.2 Optimisation of matrix inversion
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3.2 Optimisation of the matrix inversion
Several approaches exist for the improvement of the indirect force calculation. One approach
proposed in reference [22] uses the techniques of modal analysis in order to synthesise the
mobility matrix. The modal parameter “resonance frequency” and “modal damping” are
extracted from the measured data. Then the mobility functions can be synthesised using these
data. Thereby the mobility functions are adjusted and freed from errors. Since it is necessary
to identify single modes from the measured transfer functions, this method is only suitable for
systems with a low damping and a relatively low modal density. For the complex structure of
the car body investigated at high frequencies up to 1000 Hz this method is not applicable. As
it can be seen the modal density is too high and only some modes can be extracted from the
measured data. If the modal parameters of the system are known it can be diagonalised. After
the diagonalisation the system is described by the following equation:

V (ω ) = m (ω ) F (ω )

(3.2.1)

Due to the diagonal matrix m the equations for the calculation of the forces are not coupled
with each other and the inversion is trivial.
If the accuracy of the solution is more important at some response points compared to others
the weighting of the least squares can be used to improve the results. It allows to adjust the
importance of every response point in the minimization process. The basic equation is
multiplied with a diagonal matrix W containing weighting factors for each line.

ur
ur
W (ω ) V (ω ) = W (ω ) M (ω ) F (ω )
!
ur
ur
W (ω ) V (ω ) − M (ω ) F (ω ) = min

{

}

(3.2.2)
(3.2.3)

The weighting can be used to normalise the transfer matrix meaning that a unit force vector
will cause a unit response vector. Such a weighting is only applicable if an equal amplitude of
the transfer functions is required. Otherwise a weighting can be use to reinforce important
transfer functions which act in the main force direction and are measured with a high
accuracy. Then the improvements of the results legitimate the amplitude bias error introduced
by the weighting.
Serious errors can be caused by the inversion of the matrix M*M if it is ill-conditioned. The
term “ill-conditioned” and approaches to improve the indirect force method in the case of an
ill-conditioned mobility matrix are explained in the following.
In order to receive a unique solution with the least square method the matrix M*M has to be
regular, allowing its inversion. If the transfer functions are measured, the mobility matrix will
be nearly always regular, meaning that all columns are linearly independent. Singularities of
the system can be hidden by measurement noise and the singular system is assumed to be
regular. This leads to enormous errors in the calculations requiring a regular matrix.
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In order to check if a system is well or bad conditioned the stability of the solution with
respect to small variations in the input data has to be investigated. This stability is related to
the amplifications of errors caused by the inversion of the system matrix M*M.
A criterion for the stability is the relation between the eigenvalues of the matrix M*M
respectively their square roots, the singular values of the mobility matrix M. The relation
between the maximal smax and the minimal singular value smin is called condition number of
the matrix. The higher this number is, the worse is the system conditioned and the more
sensitive is the solution to small errors. The number of singular values which are not zero is
equal to the rank of the matrix and to the number of linear independent rows or columns. A
regular matrix has the maximum rank meaning that all singular values are non-zero.
C=

smax
smin

Condition number C

(3.2.4)

A high condition number indicates that small singular values exist and that the system matrix
is bad conditioned. However, a high condition number does not necessarily indicate that the
system is singular. The system matrix can be invertible, although it is badly conditioned. On
the other hand a high condition number can also indicate that the system is not invertible due
to a singular mobility matrix. For experimental investigations, usually all singular values are
non-zero due to measurement noise wrongly indicating a regular transfer matrix.
The condition number of a matrix characterises the degree of linear dependence between the
vectors representing the columns of the transfer matrix. Every column describes the vibration
response of the structure due to one excitation force.
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response n

A high linear dependence between the responses results in a high condition number. A linear
dependence can appear, if two excitation points are too close to each other. Then the response
can be nearly the same for these excitations, leading to a linear dependence. This problem can
appear at low frequencies and high wave length. For the investigation of the car body this
problem should not appear since the excitation points are not very closed to each other and
due to the complex structure the responses are dominated by local modes. However, for
responses which are measured at one point in different directions this problem appears.
Also at resonances of the structure the condition number can be high since the response of the
structure is dominated by only one mode. Therefore, the mode shape of the structure is nearly
the same independent at which point the structure is excited. This effect appears, if one mode
dominates the displacement of the whole structure and if this mode is weakly damped.
Generally, these global modes appear mainly at low frequencies.
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For higher frequencies the dynamic behaviour is defined mostly by local modes which only
occur in parts of the structure. By comparing the frequency response functions of the mobility
matrix global modes which appear in every response point can be identified.
In general, the number of modes which contribute to the response determines the rank of the
matrix. If the number of participating modes is lower than the dimension of the matrix the
matrix will be singular with a rank equal to the number of modes. From this it follows that the
number of identifiable forces is limited to the number of modes participating to the response.
From the previous results the following recommendations for the indirect force calculation
can be made. In order to receive a well conditioned problem, the number of responses should
be higher than the number of excitation points. The unknown operational forces should be
sufficiently separated, so that they cause different displacements in the structure. For the car
body structure, the last requirement is fulfilled. Concerning the number of responses some
further comments are necessary. Since the response is only of interest at the coupling point,
where the car body structure is excited the number of response points is equal to the number
of excitation point. The responses are measured directly at the excitation points. Therefore,
the point mobilities relating the velocity at one point to the force excitation at the same point
will have a higher level than the transfer mobilities. This has the advantage that the mobility
matrix will show a diagonal behaviour. The response at a coupling point will be dominated by
the point mobility. If it is possible to neglect the transfer functions a diagonal matrix is
received. The equations become independent and the inversion is reduced to a simple
division.
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For the measurement of the mobility matrix it is assumed that the forces act in one direction
while the responses are measured in x, y and z direction. Therefore an over-determined
system is received. For the responses measured at one coupling point in different directions
the linear dependence will be relatively high. Rotational modes are not considered in the
analysis.

3.3 Regularisation of the mobility matrix
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3.3 Regularisation of the mobility matrix
In order to reduce the sensibility of the solution to small errors in the measured data
regularisation methods are used. Two methods used for the indirect force determination are
the Truncated Singular Value Decomposition (TSVD) and the Tikhonov Regularisation
outlined in references [36], [37] and [41]. Both methods reduce the negative effect caused by
small singular values. The singular values of the mobility matrix are received by using the
singular value decomposition. It is based on the theorem of linear algebra that any m x n
matrix M with m >= n can be written as a product of an m x n column orthogonal matrix U,
an n x n diagonal matrix W with positive or zero elements and the transponse of an n x n
orthogonal matrix V. The coefficients of the diagonal matrix W are called the singular values
of M.
M = U ⋅W ⋅ V T

(3.3.1)

This formulation allows expressing the pseudo-inverse of the mobility matrix M in the
following way:

{

}

−1

{

T

M ( ω ) = M ( ω ) M (ω ) M (ω ) = (UWV T ) UWV T
144444424444443
+

T

pseudo inverse H (ω )

T

}

−1

T T

(UWV )

(3.3.2)

+

M + = VW −1U T

(3.3.3)

As described at the beginning of this chapter the operational forces are calculated with the
pseudo-inverse:
ur
+ ur
F (ω ) = H (ω ) V (ω )

(3.3.4)

Considering formula 3.3.3 it is obvious that small variations of small singular values of W
cause significant variations of its inverse W-1 and therefore of the calculated forces.

3.3.1 Singular value decomposition
The number of singular values defines the rank of the mobility matrix according to the
number of linear independent columns. If the transfer functions are calculated from measured
data the mobility matrix will always have maximal rank, since possible singularities are
hidden by measurement noise. Therefore, the singular values are normally non-zero.
The smallest singular values are responsible for the sensibility of the transfer matrix to small
variations in the input data. An approach is therefore to consider the smallest singular values
to be zero. This requires the definition of a limit below which the singular values are set to
zero. For an effective application of the method it is necessary to choose this regularisation
parameter in a correct way. One simple possibility is to choose the limit using the highest
singular value. Another approach uses the noise level of the measured transfer functions or
responses. It is described in reference [36].

3.3.1 Singular value decomposition
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At anti-resonances the singular value decomposition can not improve the error in the
calculated forces. If the number of modes contributing to the response is lower then the
number of unknown operational forces it is not possible to predict the individual contribution
of each force. Another disadvantage of the singular value decomposition is that it under
predicts the response, since not all excitations are considered in the calculation.

3.3.2 Tikhonov regularisation
A technique which is used in the field of digital image processing and allows to improve the
source reconstruction is the Tikhonov regularization. In references [22], [26] and [37] this
method is described in detail. It is based on the introduction of a bias error in the solution. The
normal least square solution for the calculation of the operational forces is given by:
!

V (ω ) − M (ω )F (ω ) = min

(3.3.2.1)

For the regularisation a bias error defined by the regularisation parameter ß is added to the
solution. With this additional term the negative effect of small singular values is reduced.
!

V (ω ) − M (ω )F (ω ) + β (ω ) F (ω ) = min

(3.3.2.2)

As described in chapter 3.1 the solution of the least square problem given in equation 3.3.2.1
is the same as for the normal equation 3.3.2.3:

M (ω ) M (ω ) F (ω ) = M (ω ) V (ω )
T

T

(

)

−1

(3.3.2.3)

→ F (ω ) = M (ω ) M (ω ) M (ω ) V (ω )
T

T

For the regularisation the normal equation becomes:

 M (ω )T M (ω ) + β E  F (ω ) = M (ω )T V (ω )



(3.3.2.4)

The bias error which is given by the regularisation parameter β is adjusted in order to limit the
measurement error due to bad conditioned mobility matrices. The minimization results in the
following expression for the forces:

(

T

→ F (ω ) = M (ω ) M (ω ) + β E

)

−1

T

M (ω ) V (ω )

(3.3.2.5)

Using the singular value decomposition this can be written also as:

(

T

F (ω ) = V (ω ) M (ω ) M (ω ) + β E

)

−1

T
M (ω ) U H Vˆ (ω )

(3.3.2.6)

From the formulas 3.3.2.4 to 3.3.2.5 the effect of the regularisation is noticeable. By adding a
diagonal matrix to the Matrix M*M the diagonal of the mobility matrix is enforced and the
negative effect of small singular values is reduced.

3.3.2 Tikhonov regularisation
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The smaller a singular value is the more it is enforced by the regularisation parameter.
Therefore, the principle is different to the singular value decomposition where singular values
are set to zero. The effect of adding a regularisation parameter to larger singular values results
in a bias error. In order to improve the result of the calculated forces the regularisation
parameter has to be chosen in a way that the magnification of measurement errors in the
indirect force calculation is minimized and at the same time a negligible bias error is
introduced in the solution.
Therefore the regularisation parameter β has to be adjusted. In the literature several methods
are found. The L-curve method is commonly used. Detailed information about the application
of this method can be found in the reference [16].
Here the so called-ordinary cross-validation method is applied. In this method, only m-1 of m
velocity responses are used for the calculation of the forces requiring the mobility matrix to be
at least one time over-determined. With the calculated forces the remaining velocity is
recalculated and compared with the measured one. The error between the recalculated and the
measured velocity describes the effectiveness of the chosen regularization parameter and
provides an optimisation criterion. This procedure has to be applied for every response and
the regularisation parameter is optimised in a way so that it minimizes the sum of the errors
between the recalculated and measured velocities.
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If k is the element of the velocity response which is left out in the force calculation the error
between the measured and the recalculated velocity is determined for every response:

Vˆk − Mˆ k Fˆk

2

(3.3.2.8)

Mk is the row vector containing the transfer functions from the n forces to the kth response.
The average square deviation is calculated by leaving out each response in turn and
calculating the sum of the squares of the deviations.
∆( β ) =

1 m ˆ
∑ Vk − Mˆ k Fˆk
m k =1

2

(3.3.2.9)

The value of β which gives the smallest deviation is the optimum value fort the regularization
parameter. The regularisation procedure has to be repeated for every frequency.

3.4 Error analysis
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3.4 Error analysis
In the indirect calculation of the forces two types of errors appear. These are random errors in
the measured velocities and in the measured transfer functions of the mobility matrix and bias
error in the mobility matrix.
For a measured mobility matrix the bias error represents variations in the structure between
the first measurement for determining the mobility functions and the second measurement
when the receiving structure is connected to the source. It is a systematic error which appears
with the same magnitude and phase in all records and can be caused by several parameters.
An important question is the boundary condition during the mobility measurement since the
ideal case that means completely free boundary conditions can not be received. For the
measurement of the mobilities the car body has to be supported in a way. This support should
not influence the dynamic behaviour of the structure in the frequency range which is of
interest for the analysis. Bias errors can be caused also by the mounting and positioning of the
accelerometers. If the force acts for example on a large surface, which is the case for the air
spring, and the acceleration is only measured at one point of this surface, serious errors in the
indirect force calculation can appear. For modelled mobility matrices the bias error represents
the difference between the used model and the real structure.
The bias error in the experimental model of the structure due to slightly different
measurement conditions has the effect that the calculated forces differ from the real forces
even if random errors of the velocity measurement are neglected. In contrast to random
measurement errors, bias errors are difficult to estimate.
Random errors are statistical variations in the measured data due to the limitations in the
precision of the measurement device and random noise corrupting the measured signal.
Random errors can be evaluated through statistical analysis and can be reduced by averaging
over a large number of measured records. Due to the white noise excitation used for this
analysis the averaging has to be performed in the frequency domain.
Mathematically, the bias error bx of the estimated value X̂ is given by the expected value of
the estimate minus the real unknown value X which is estimated. The expected value of the
estimates is the average of repeated estimates.
b Xˆ = lim

N →∞

1
N

N

∑ Xˆ

i

−X

(3.4.1)

i =1

The random error of the estimated value X̂ is defined by the standard deviation of the
estimate about its expected value.

σ Xˆ = lim

N →∞

1
N

N

∑ {Xˆ

i

[ ]}

− E Xˆ

2

i =1

If these error are referred to the real value X the normalised errors are received:

(3.4.2)
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εr =

X

σ Xˆ
X

(3.4.3)

The estimation for the power spectrum of the value X is calculated as:

[

2
2
Gˆ XX ( f ) = E X ( f , T )
T

]

(3.4.5)

In formula 3.4.5 X(f,T) is the Fourier transform of x(t) and E the ensemble average of n
different records of the length T. With the bandwidth Be the normalized bias error is given by:

[

]

2

B
ε b Gˆ XX ( f ) ≈ e
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(3.4.6)

As explained above the bias error is difficult to estimate. For the random error an estimation
depending on the number of averages can be made. With a increasing number of averages in
the Welch method the random error is reduced with the following relation.

[

]

1
ε r Gˆ XX ( f ) =

nd

(3.4.7)
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3.5 Correlation between forces
The grade of correlation between the exciting forces has to be considered in the indirect force
calculation and in the choice of the calculation method. It indicates the grade of linear
dependence between the forces. Forces caused by different sources will show a low
coherence. If the forces are instead caused by the same source their coherence will be high.
Obviously, since the forces are unknown their coherence can not be determined directly.
Therefore, it is important to estimate the coherence between the forces indirectly. One
approach is to use the coherence of the measured velocities. The question is, which
conclusion the information about the correlation of the measured velocities allows about the
correlation of the forces.
If the coherences of the velocities received from the mobility measurement are regarded it is
found that the coherence of the responses is close to one over a large frequency range. The
reason is that the structure is only excited by one force and that all the responses are caused
only by this force. Lower coherences appear due to non-linearities in the structure and
measurement errors.
Under the assumption that the response at one point is mainly caused by the force excitation
at this point the following conclusions are made. If all responses are coherent for the case of
several exciting forces, it can be assumed that the forces are also coherent. If the forces are
completely uncorrelated, the responses will have a very low coherence. In the general case,
the sources are partly coherent.
Depending on the grade of correlation between the forces, different methods for their indirect
calculation have to be used. If the forces are completely uncorrelated the phases have no
effect and it is possible to use only the energies for the recalculation of the forces. This is the
case, if the forces are caused by different mechanisms. The calculation of the forces is
performed with the squared absolute values of the mobility matrix and the power spectra of
the measured velocities.
2

S VV = H S FF

(3.5.1)

If the forces are strongly correlated the phases have to be considered in the calculation. For
the superposition of the responses and calculated forces the relative phase between the
different points is important. Therefore, one of the measured velocities is used as a reference
and the phases of all other velocities are expressed relative to this reference.
The reference velocity Vrel is calculated with the power spectrum Srr:

Vrel = S rr

(3.5.2)

Then the other velocities are calculated with their power spectra Sii and the relative phase to
the reference response.

Vii = S ii e jϕ ( Sir )

(3.5.3)
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In order to get the relative phase between the measured velocities, the cross-spectra are
calculated.
Sij = X i X j e j ( β −α )

(3.5.4)

With: X i = X i e jα
In the general case the sources are partly correlated. The grade of coherence between the
exciting forces is unknown. By using the auto- and crosspectra of the measured responses is it
possible to calculate the auto- and cross spectra of the unknown forces.

S FF = M pseudo (ω )SVV {M pseudo (ω )}

*

(3.5.5)

The absolute value of the forces is received from the calculated autospectra.
For the bogie – car body system it is assumed that the forces in the secondary suspension are
coherent. They are caused by the same source, the excitation at the axle box. If the system
describing the transmission from the axle box over the primary suspension and the bogie
frame to the coupling points at the car body is completely linear, the forces in the secondary
will be completely coherent. But due to non-linear affects in the real system or non-sufficient
energy input at some frequencies, the forces will not be completely coherent over the whole
frequency range.
The cross Sij and auto spectra Sii of the measured responses are determined and written in a
spectral matrix:
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(3.5.6)

In order to consider the phase information between the responses, one response is used as a
reference with zero phase. The phases of the other responses are expressed relative to this
response. The phase relationship of the calculated forces is a result of the measured phase
relationship between the responses and the phases introduced by the transfer functions of the
mobility matrix.

3.6 Prediction of sound pressure level
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3.6 Prediction of the sound pressure level
The sound pressure level at the output is caused by six input forces. Thus, a multiple input
system has to be considered. In the following some basic relationships of a multiple input
system are presented. Using the Fourier transformation of the time signals the relationship
between the input forces and the output signal are:
6

P = ∑ Vi + N

(3.6.1)

with: Vi = H i Fi

i =1

If the input-output relationship is expressed in energy values the auto spectrum of the output
value has to be known. First, the Fourier transform of the sound pressure level is multiplied
with its conjugate complex value:
  6

 6
 6
 6
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0

The auto-spectrum is then calculated as follows:

S xx = lim
t −∞

1
E X *X
T

[

]

(3.6.3)

The auto-spectrum of the sound pressure level becomes:
S pp = lim
t −∞


1  6 6
*
E ∑∑ H i H j Fi* F j + N * N 
T  i =1 j =1

6

6

(3.6.4)

⇒ S pp = ∑∑ H i H j S ij + S nn
*

i =1 j =1

From this formula it can be seen that additional terms appear if the inputs are correlated. For
the case of only two correlated input forces the formula has the form:
S pp = H 1* H 1 S11 + H 1* H 2 S12 + H 2* H 1 S 21 + H 2* H 2 S 22

(3.6.5)

For a higher number of correlated input forces the formula becomes very complex. With n
inputs the output spectrum would contain n²+1 terms. Beside the spectral output due to one
input can not be predicted.
If the input forces are completely uncorrelated (γ12=0) the cross spectrum between the input
forces it zero and the calculation for the auto spectrum of the sound pressure level simplifies:
S pp = H 1* H 1 S11 + H 2* H 2 S 22

(3.6.6)
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However, for the calculation of the sound pressure level in the car body it has to be
considered that the input forces are correlated. The coherence between the input forces has a
value between zero and one.
The frequency response function between the input force and the sound pressure level were
measured for the case that only one force is applied. This corresponds with the case of
completely uncorrelated forces.
γij = 0

H1 =

S1 p
S11

, H2 =

S2 p
S 22

,….

(3.6.7)

Sii: auto spectral function of input force
Sij: cross spectral function between input force and output sound pressure

F1
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H1
+

F2.1

p
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Figure 3.6.1: Correlated effect of input 1 to input 2 is removed

In order to remove the effect of another input to the regarded input the Frequency response
function between these two inputs has to be calculated. The FRF relating the two input forces
is calculated with the H1 estimation, assuming that noise will only appear at the output.
H 12 =

S12
S11

(3.6.8)

Then the effect of input “one” on the second input can be removed:
F2.1 = F2 − H 12 F1

(3.6.9)

The noise is calculated by conditioning the output on both known input signals. The linear
effects of both inputs are removed from the output:
N = P.1,2 = P − H1 p F1 − H 2 p F2

(3.6.10)

The advantage of the conditioning is a simplification of the calculation of the output spectrum
as well as an easier interpretation of the contribution of the transmission paths.
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For n uncorrelated forces the output spectrum contains only n+1 terms. For the case of two
input forces the output spectrum is calculated:
2

2

S pp = H1 S11 + H 2 S 22.1 + S nn

(3.6.11)

The first and the second terms describe the output spectrum due to the two forces. Due to the
conditioning of the forces their contributions to the spectral output can be simply added. In
this example the linear effects of the input 1 are removed from input 2. In general, this could
be done also the other way around. However, it is recommended to remove the linear effects
of the stronger input from the record which has a lower contribution to the output. A way to
arrange the input forces is to compare the coherences between every force and the output
sound pressure level.
If all coupling elements are mounted in the secondary suspension six input forces contribute
to the total output spectrum. After conditioning the input forces the output spectrum is
calculated with the following formula:
2

2

2

2

2

2

S pp = H 1 S11 + H 2 S 22.1 + H 3 S 33.2! + H 4 S 44.3! + H 5 S 55.4! + H 6 S 66.5! + S nn

(3.6.12)

In order to receive a model which allows the prediction of the output spectrum several
conditions have to be fulfilled. The coherence between the input functions should not be equal
to unity. If this occurs, one of the inputs can be removed from the mathematical model of the
transmission.
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4 Regina 250 project
Today, the X2000 provides comfortable long distance traffic between the important cities in
Sweden. The train was developed for the conditions in Sweden characterized by long
distances and a low population density. The construction of new high speed lines like in
France, Germany or Japan is not profitable due to these conditions. Thus, one developed a
tilting train which could go on the conventional lines with higher speed and at the same time
offer a better comfort for the passengers. This train, the X2, operates since 1991 and made the
railway more attractive in Sweden.
However, after many years in operation and technical progress it is necessary to develop a
new high speed train which can replace the X2 in some years. This new train shall fulfil a lot
of demands. Important aspects are the increase of speed in order to reach shorter travelling
times while improving the comfort and reducing interior and exterior noise at the same time.
Beside the energy consumption shall be reduced in order to minimize the life cycle costs and
to improve the environmental friendliness of railway traffic. Another important demand is the
rail friendliness of the vehicle meaning that the wear of the rail shall be reduced. This will
allow longer maintenance intervals contributing to lower costs.
The Regina train was developed from 1998 to 2000 as a regional train with a maximal speed
of 200 km/h and operates over the whole of Sweden. In the project “Regina 250” it is used as
test vehicle for new technologies which are developed for a new high speed train. The most
important innovation is a new bogie equipped with an active steering system. During high
speed runs on straight tracks the wheelsets are stabilised actively. In curves the running
conditions are improved by a radial adjustment of the wheelsets in the track. More detailed
information about the bogies is given in chapter 4.1. An important demand on a new high
speed train is a low level of the interior and exterior noise. Several measures for noise
reduction are investigated in the Regina 250 project. On the vehicle side the effect of bogie
skirts is investigated. These skirts are mounted on both sides of the bogie and reduce the
radiation of noise. Important questions are how the shape of the skirts influences the noise
radiation and which effect they have on the internal noise level.

Figure 4.1: Bogie skirt
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Beside, two measures for noise reduction along the track were investigated. One is the use of
new barriers which are mounted directly on the rail and have a lower height than conventional
barriers. The other is the attachment of rail dampers on the rail reducing the vibrations of the
rail and thus the noise radiation.
Another aspect is the aerodynamic improvement of the train. The shape should be chosen in a
way so that wind forces causing drag and noise are reduced as much as possible.

4.1 Bogies
The bogies have a key role in the development of the Regina 250. They shall ensure both safe
and smooth running conditions for higher speeds up to 250 km/h and a good running
behaviour in curves with less wear of the wheels and the rails. Concerning the properties of a
bogie with wheelsets these two demands contradict each other and lead to a conflict of aims.
The bogie with two wheelsets that means two wheels mounted on an axle and rotary coupled
is the most important guidance element in railway vehicles. This is due to the good running
behaviour of wheelsets rendering external steering of the wheelset in principle unnecessary.
The self-steering of the wheelset in curves is the outstanding characteristic. However, the
bogie with wheelsets also has disadvantages. If it is running on the track it shows a periodic
sine movement which is unwanted due to ride comfort and material load. The sine movement
of the wheelset leads to a critical speed above which the safety against derailing is not ensured
anymore. In order to remove this critical speed to higher velocities, the sine movement has to
be avoided respectively its amplitude has to be reduced. This is achieved with stiffer coupling
of the wheelset to the bogie in longitudinal direction. However, for the self steering of the
wheelsets in curves this has a negative effect. The movement of the wheelset relative to the
bogie is restrained and therefore the radial adjustment worsened leading to higher wear and
worse running behaviour.
In order to avoid this, bogies with radial steering are developed. Radial steering can be
achieved either passive with mechanical systems or active. In the last case the position of the
wheelset is measured and actuators are used to obtain the radial position. The bogie developed
for Regina 250 has an active steering system.
For the transmission of structure-borne sound the construction of the bogie and the coupling
elements between the wheelset, the bogie-frame and the car body are of importance. The
superstructure can be seen in figure 4.1.1, 4.1.2 and 4.1.3. The primary suspension is situated
between the wheelset and the bogie frame. Two springs are situated on both sides of every
axle box. Every spring is made up of a steel spring in series with a rubber element. Beside the
springs a damper and the steering link is situated in the primary suspension. In the active
configuration of the bogie the steering link is used to adjust the wheelset radially in the curve.
For the measurements performed in summer 2006 the active steering system was not in use.
Therefore, the steering link is used to suppress the sine movement of the wheelset.

4.1 Bogies
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Figure 4.1.1: Bogie for the Regina 250 with coupling elements of the primary suspension

The secondary suspension cushions the car body on the bogie and has an important effect on
the comfort of the vehicle and the transmission of structure-borne sound. The coupling
elements are designed with regard to the dynamic behaviour of the car body for low
frequencies. Air spring and vertical damper act mainly in vertical direction and reduce the
acceleration amplitudes of vertical vibrations. The lateral damper does the same for the y
direction. The yaw damper acts in longitudinal direction and reduces the yaw movement of
the bogie relative to the car body. Rolling movements of the car body around the x-axis are
reduced by the anti-roll-bar. The traction-link transfers the driving force to the car body. The
Regina 250 bogie has no bolster between the bogie and the car body. The coupling elements
of the secondary suspension are directly mounted between the bogie frame and the car body.
This is only possible because the air spring can deal with the rotary movement of the bogie
against the car body. For coil springs this is not possible and the rotary movement takes place
between the bolster and the car body.
For the structure-borne sound transmission this difference is also important. A bogie with
bolster is connected to the car body only at the central pin and slide faces. Few connecting
points and the mass of the bolster make a control of the structure-borne sound transmission
easier.
Vertical damper

Lateral damper

Traction link
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y
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Figure 4.1.2: Coupling elements in the secondary suspension (1)
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Figures 4.1.3: Coupling elements in the secondary suspension (2)

In the Regina 250 Bogie all 11 coupling elements are directly mounted at the car body. Since
both the character of the coupling elements and of the brackets at the car body differ for the
elements, an analysis and control of the structure-borne sound transmission is more difficult.
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5 Experimental analyses
5.1 Measurement of mobilities
The first measurement was performed at the car body dismounted from the bogie. The car
body was lifted with supports. The installation work before the measurements contained the
mounting of the accelerometers at every coupling point. In order to avoid a damage of the
accelerometers they are plunged on plates which are glued on the car body. The same is
performed for the excitation point. The rod of the shaker is connected to the structure via a
plate on which the force transducer is mounted.

Figure 5.1.1: Car body dismounted from the bogies and lifted

The first measurement aims to identify the mobility functions between every excitation point
and every receiver point. The mobility functions describe the relation between the velocity
and the excitation force. The dimension of the mobility matrix depends on the degrees of
freedom which are considered in the analysis. A degree of freedom is defined by the response
at one measurement point in one direction. In general, every point on the structure has 6
degrees of freedom including three transversal and three rotational degrees of freedom. For
this analysis only the transversal degrees of freedom are considered. Figure 5.1.2 gives an
overview which quantities were measured. It represents the car body with six coupling points
where the springs and dampers of the secondary suspension are mounted at the car body.
Since the car body is symmetric in y direction only one of the two identical coupling elements
is considered in the measurements. These coupling elements are the air spring (as), the
vertical damper (vd), the yaw damper (yd), the lateral damper (ld), the traction link (tl) and
the anti-roll bar (arb). In every performed measurement a force is applied with a shaker at one
coupling point. The force is measured with a force transducer which is installed between the
rod of the shaker and the mount of the coupling point.
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Then the accelerations are measured at every coupling point in x, y and z direction leading to
24 responses. This procedure is repeated for every coupling point. In opposite to the
accelerations the forces are applied only in the main force direction at every coupling point
assuming that the force due the coupling element acts mainly in one direction. Besides, the
sound pressure is measured in the car body at different positions.

sound pressure level
uncorrelated noise
structure borne noise over
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Figure 5.1.2: Measured quantities of the first shaker mesurement

The following pictures show the experimental setup. The test force is applied with a shaker
which is mounted via a rod at the coupling point. The force is measured with a force
transducer at the end of the rod.

Force transducer

Figure 5.1.3: The test force is applied with a shaker
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Mount for shaker rod

accelerometer

Figure 5.1.4: Accelerometer at the fasteing of the anti-roll bar

Performing the measurements as described a non-quadratic mobility matrix is received which
has 24 rows and 6 columns.
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(5.1.1)

(5.1.2)

For the excitation a shaker was used which created a broadband force spectrum for
frequencies up to 2500 Hz. The length of the measurement was 15 seconds.
Both, mobilities and frequency transfer functions for the sound transmission in the car body
are calculated with the H1 estimator (Appendix 2) assuming that noise appears at the receiver
points. This result is compared with the H2 estimation. For the calculation the Welsh method
(Appendix 2) is used.
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As an example the point mobility of the vertical damper coupling point is shown in figure
5.1.5. Both the comparison between the H1 and the H2 estimation and the coherence function
indicate that the mobilities only give reliable results for frequencies above 40 Hz. Also for
frequencies above 1000 Hz the coherence becomes worse.
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Figure 5.1.5: Point mobility at vertical damper with H1 and H2 estimation (reference value = 1000)
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Figure 5.1.6: Point mobility at yaw damper with H1 estimation and the responding coherence
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The example in figure 5.1.5 and 5.1.6 show point mobilities. For the transfer mobilities the
coherence is in the majority of the cases worse. Figure 5.1.7 shows the transfer mobility and
the coherence between the traction link and the vertical damper. When all the mobility
functions are considered the frequency range for which reliable results are expected lies
between 40 and approximately 500 Hz.
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Figure 5.1.7: Transfer mobility and coherence function between traction link and vertical damper

The coherences between the measured responses are close to one over the same frequency
range. The reason is that the structural response is caused by only one source.
The coherence function is an effective tool to analyse the quality of the measured data.
However, it shows only random errors in the measured data. Bias errors are not visible in the
coherence functions and are more difficult to identify. As described in chapter 3 they are
caused by different conditions of the receiver system in the measurements. Different boundary
conditions in the mobility measurement of the uncoupled structure and the measurement of
the operating forces can cause bias errors. Therefore, it is important to analyse the influence
of different boundary conditions. For the mobility measurement the receiving structure should
have free boundary conditions, so that the velocity responses are only caused by one exciting
force. In practise, the car body was lifted with supports which influence the boundary
conditions of the measurements. Depending on the stiffness of the supports or the secondary
suspension the car body will show rigid body oscillations. Using the simple model of a one
mass oscillator the rigid body eigen-frequencies are investigated.
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=
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As a simple approximation, the point mobility of the car body at a coupling point can be
described as a plate connected to a mass by a spring. This simple approach is shown in figure
5.1.8.
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Figure 5.1.8: Model for estimating the influence of the boundary conditions

If a force F is acting o the car body the mobility at the coupling point is calculated with a
model consisting of the masses m and M and the spring k2.
m&x&1 = − kx1 + kx2 + F
M&x&2 = kx1 − kx 2

(5.1.4)

In the frequency range the equation is described with the Fourier transformations of x1 and x2.
mω 2 x1 = − kx1 + kx2 + F
Mω 2 x1 = kx1 − kx2

(5.1.5)

If equation 5.1.1 is plugged in equation 5.1.2 the following expression is obtained:


k2
=F
x1  k − mω 2 −
2 
k − Mω 

F
x1 =


k2
 k − mω 2 −

2 
k − Mω 


(5.1.6)

The velocity at the plate is:

v=

iωF
k2
k − mω −
k − Mω 2
2

(5.1.7)
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If it is assumed that the mass of the plate is much lower than the total mass of the car body.
Then the equation for the mobility simplifies:
M =

v
=
F

iω
k − ω 2M
=
iωMk
k2
k−
2
k − Mω

(5.1.8)
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Figure 5.1.9: Mobility model

At low frequencies the mass term dominates the mobility of the car body resulting in a
decreasing mobility with a phase of –π/2. For higher frequencies the stiffness determines the
mobility. Above the stiffness controlled region the plate is bending and its eigenmodes cause
resonances in the mobility.
The influence of different supports of the car body is approximated with a simple model. The
two body model used for the mobility calculation is supplemented by a spring representing
the support or the air spring.
m&x&1 = − k1 x1 − k 2 x1 + k 2 x 2 + F
M&x&2 = k 2 x1 −k 2 x 2

(5.1.9)

In the frequency range the equation is described with the Fourier transformations of x1 and x2.

mω 2 x1 = − k1 x1 − k 2 x1 + k 2 x2 + F
Mω 2 x1 = k 2 x1 − k 2 x 2
If equation 5.1.10 is plugged in equation 5.1.9 the following expression is obtained:

(5.1.10)
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The velocity at the plate is:
v=

iωF

(5.1.12)
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If it is assumed that the mass of the plate is much lower than the total mass of the car body.
Then the equation simplifies:
M =

v
=
F

iω

(5.1.13)
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Figure 5.1.10: Effect of boundary conditions on the measured mobility

The eigenfrequency of the car body due to the support or air spring depends on the stiffness.
For the air spring with a stiffness of approximately 260 kN/m the eigenfrequency appears
between 5 and 6 Hz while for the much stiffer support it is expected to be at around 30 Hz.
For the calculation the support is described as a hollow section with a cross section area of
mm² and a length of 2 m. The results show that the boundary conditions will probably not
have a significant effect, since the frequency range of interest lies above the first
eigenfrequency of the support.
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It has to be considered that the used model consisting of a rigid mass and a plate is a strong
simplification. The real car body is a much more complicated structure with global and local
eigenmodes. For the understanding of the measured mobility functions it is interesting to
know which eigenmodes the car body has and at which frequencies they appear. The
eigenmodes of the car body can be either determined with an experimental modal analysis or
with a modelling using finite elements. In both cases the frequency range of the analysis is
often limited to relatively low frequencies depending on the resolution of the measurement
point and the element dimensions in the FEM model. From a modal analysist the following
eigenfrequencies of the car body are obtained.
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1 rhombic mode
1st vertical bending mode
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Figure 5.1.11: Eigenmodes of the Regina car body
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The results of the modal analysis show that the first global elastic eigenfrequencies of the car
body appear at frequencies between 10 and 20 Hz. For the structure-borne sound transmission
frequencies up to 500 Hz are important. For frequencies below 30 Hz no reliable results are
received for the mobility measurement. Besides, eigenmodes which have a nodal point at the
coupling position are not excited in the mobility measurement and do not contribute to the
mobilities of the car body structure. At higher frequencies the modal density increases and
local modes appear in the car body.
The transfer and point mobility depend on the modal interaction at the coupling points.
Important properties are the material, the geometry and dimensions at the coupling points
defining the boundary conditions and the structural damping. Regarding the average modal
spacing and the material loss factor the frequency range can be subdivided into several
regions. At low frequencies the modal spacing is high and the mobility has well separated
peaks. The eigenmodes can be extracted from the measurements. At higher frequencies the
modal density increases and a modal analysis is difficult to perform.
The point mobility at a coupling point depends much on the local characteristic of the car
body structure. If the measured point is near a free end of the structure the amplitude of the
vibrations and thus the mobility will be high for every mode. The opposite effect appears if
the point is at or near a very stiff part of the structure leading to a nodal point where the
vibration level is very low. Figure 5.4.12 shows the measured point mobilities at the coupling
points of the secondary suspension.
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Figure 5.1.12: Point mobilities at the coupling points (with reference value 1000)

The point mobilities at the coupling points differ enormously. The air spring has the lowest
point mobility with an approximately constant value of -170 dB over the whole frequency
range. The point mobility shows the typical characteristic for finite plates. If the mobility is
averaged over frequency it is equal to the point mobility of a plate with infinite extent. The
low level indicates that the local stiffness of the structure is high at this point and that no
dominating low damped eigenmodes appear.

5.1 Measurement of mobilities

40

For the vertical damper and the anti-roll bar the mobilities are also relatively low. The
coupling points for the traction link and particaulary for the yaw-and the lateral damper have
much higher point mobilities with distinctive peaks. This indicates that the structure is weak
at these points and that lightly damped modes dominate the vibration shape.
Apparently, the lateral damper has the highest point mobility with a peak at 300Hz. For
frequencies above 100 Hz the yaw damper has a high mobility also. For low frequencies
between 10 and 20 Hz strong resonances for all coupling points appear. They are possible
caused by resonances in the supporting structure and the first modes of the car body.
The transmission of power to the car body structure depends on the stiffness of the coupling
point. The stiffer the structure is at the coupling point corresponding to a small point mobility
the lower is the velocity of the structure for a given force. This leads to a lower power input
and reduces the transmission of structure-borne sound.
The following figure shows the power input for the mobility measurements. Since the
excitation force of the shaker is the approximately the same for all coupling points the
enormous differences in the power input are caused by the different point mobilities of the
structure.
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Figure 5.1.13: Power input for an approximately constant input force

The waves propagating in the structure are damped leading to attenuation with distance from
the source. This spatial structural decay depends strongly on the frequency. For low
frequencies up to 400 Hz it is estimated with 0.5dB/m while for higher frequencies
attenuation of 1.5 dB/m is obtained. Therefore, not only the mobility at the coupling point but
also the distance from the source to the measurement point is important. Besides, the material
and geometry of the structure determine the propagation of sound.
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The transmission behaviour from the source, the coupling element, to the radiated sound
pressure in the car body is described with frequency transfer functions. In figure 5.1.14 the
measured transfer function between the input forces and the sound pressure level are
compared for a frequency ranger from 200 to 400 Hz. The effect of the peak in the point
mobility of the lateral damper can be seen clearly in the transfer functions. At a frequency of
300 Hz the response function between force excitation at the vertical damper and the sound
pressure level shows a maximum. This corresponds to the peak in the mobility function
leading to high input power over this element. The same effect is noticeable at the yaw
damper where the peak in the transfer function corresponds with a low stiffness respectively
high point mobility of this coupling point.
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If these transfer functions are compared with the transfer functions between the power input at
a coupling point and the sound pressure level a completely different result is obtained. Figure
5.1.15 shows that the power transmission from the air-spring, the traction-link and the vertical
damper are dominating.
If the transfer function is calculated between the input power and the sound pressure level the
effect of the point mobility is avoided. Instead, the transmission behaviour of the car body
structure can be analysed. It depends on the material defining the structural damping and the
geometry of the structure. The later defines the boundary conditions of the structure and its
subsystems. In theory two ideal boundary conditions can be distinguished. In the case of free
boundary condition no forces or moments are acting at the boundary while a completely rigid
boundary condition allows no movement at all. In both cases no energy flow from this
subsystem to other systems is possible. However, in reality the subsystems of the car body
structure don’t fulfil these boundary conditions. They are open systems allowing energy flow
from one subsystem that means one part of the structure to other subsystem. The high transfer
function for the air spring is probably caused by the close connection of the car body floor to
other parts of the car body structure like the walls and the inner floor. The same applies for
the vertical damper and the traction link.
This result confirms the importance of the determination of the operational forces. For the
two border cases – equal forces or equal power inputs at the coupling elements – completely
different results are obtained.
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The quality of the measured transfer functions between the force input and the response is
checked using the coherence functions. As an example figure 5.1.16 shows the coherences
between the force at the yaw damper and the response in x, y and z direction. Between the
force and the response in force direction x the coherence is significantly better than for the y
and z direction.
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Figure 5.1.16: Coherence between the force and the responses in x, y and z direction.

The same result is received for the vertical damper. The coherence in force direction is close
to one over a frequency range up to 1000 Hz. Instead the coherence for the responses in x and
y direction have a worse coherence.
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Figure 5.1.17: Coherence between the force and the responses in x, y and z direction.

As an explanation for this result the significant higher acceleration level for the response in
force direction can be stated. Besides, the responses in the other directions are caused by
moments which are not considered in the excitation.
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Figure 5.1.18 Coherence functions between the force input and the sound pressure level at position
1, 2 and 3.
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Figure 5.1.18 shows the coherence between the force input at the vertical damper and the
sound pressure level at the positions 1, 2 and 3. For frequencies up to 1000 Hz good
coherences close to one are received.
The model for the mobility of a structure shows that design changes allow the reduction of the
power input to the car body structure. For low frequencies that means in the mass determined
region an increase of the mass leads to a reduction of the mobility. By stiffening the structure
the same effect is obtained.
For the use of the indirect method the condition number of the mobility matrix is an important
property. It indicates the degree of linear dependence between the responses due to different
excitation forces. As described in chapter 2 the number and position of response points used
for the calculation has high influence of the condition number. Figure 5.1.19 shows the
condition number for three different cases. The best result is received if all responses are used
leading to a 12 times over-determined system. The velocity is measured at all six coupling
point in x, y and z direction.
For a non-over-determined system with only six responses a relatively well conditioned
problem is received if these six responses are measured at different points. If instead the
responses in x, y and z direction, measured at only two points, are used the condition number
increases extremely indicating that the problem is bad conditioned.
The reason for this effect was explained in chapter 2: at the same measurement point the
responses in x, y and z direction have a high degree of linear dependence. Due to this linear
dependence the mobility matrix has low singular values resulting in a high condition number.
For the indirect force calculation seven responses measured at three different points are used.
Compared to the optimal case with a high over-determined system and responses at every
coupling point the condition number is increased significantly with several high peaks. These
peaks can indicate that resonances caused by one mode appear in several of the responses,
leading to a higher linear dependence.
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Figure 5.1.19: Condition number for mobility matrices

In figure 5.1.20 the condition number of the mobility matrix used for the analysis is compared
with the measured responses. The question is if one can identify resonances which appear in
all responses explaining peaks in the condition number.
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As expected the responses measured at one point in different directions (yaw damper and
vertical damper) show the same dynamic behaviour for nearly all frequencies explaining the
high number of peaks over the whole frequency range. For the one time over determined
system less significant peaks appear in the condition number due to the additional response at
another coupling point.
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Figure 5.1.20: Responses and condition numbers for the used system and a “worst case” system

For the indirect method it is also important to know if the mobility matrix shows a diagonal
characteristic. Therefore, the influence of the transfer mobilities relative to the point mobility
is of interest. If the point mobility dominates the response at a coupling point, the force
calculated only with the point mobility is an adequate approximation. If instead the transfer
mobilities have a significant contribution on the response, this approximation can not be used.
In order to investigate this question a force vector with amplitude one is applied at the
coupling points. The response received with the complete mobility matrix 5.1.14 is compared
with the response, which is received if only the point mobilities in force direction are
considered. In this case the diagonal matrix 5.1.15 is received which includes only the point
mobilities.
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(5.1.14)

(5.1.15)
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Figure 5.1.21 shows the response at the coupling point if a unite force vector is applied to the
structure. Although the forces will differ under operational conditions some important
conclusion can be made.
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Figure 5.1.21: Responses of the car body system for a excitation with a unit force vector (V_ref=1m/s)

The results for the different coupling point show clear differences. For the lateral damper, the
yaw damper and the traction link the influence of transfer mobilities on the response is very
low and can probably be neglected. For these elements the point mobility, relating the
response at one point to the force at this point if no other forces are acting is similar to the
effective point mobility which is defined as the ratio of the response at one point caused by all
forces to the force at this point (reference [27]).
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Instead the responses for the air spring, the vertical damper and the anti roll bar differ from
each other in a dimension that a neglect of the transfer mobilities is not possible. For example,
the large peak which appears at 110 Hz in the response of the air spring and vertical damper is
caused by the excitation at the lateral damper.
From these results some important conclusion about the quality and the applicability of the
mobility functions can be made. The point mobilities which relate the force to the response in
force direction show the best coherence and the highest level. Therefore these mobilities
dominate the responses and lead to reliable results. If operational forces are calculated with
the indirect method these mobilities should be included in the analysis for several reasons.
Because of the good coherence, the error caused by the mobilities is minimized. The high
level of these mobility functions dominates the response against the mobility functions which
are more corrupted by errors. If the point mobilities in force direction are used for all
positions a system with a low linear dependence is received, resulting in a low condition
number and low sensitivity to the amplification of errors.
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5.2 Measurement of transmission paths
For the second measurement the car body was mounted on the bogie. In order to identify the
power transmission over every element, accelerometers were mounted at several coupling
points at the car body and the bogie. Due to a limited number of measurement channels not all
points could be measured. Accelerations were measured at the vertical damper, the lateral
damper and the yaw damper. Beside, accelerations were also measured at the axle box, the
bogie frame the sole bar and floor in the car body.
In order to compare the influence of different coupling elements in the secondary suspension
nine different measurement setups were performed. For the first configuration all coupling
elements beside the air spring were dismounted. Therefore, all power is transmitted only by
the air spring. In the second configuration both the air spring and the vertical damper were
mounted. In the third and fourth configuration the yaw damper and the traction link were
coupled in addition to the air spring. The other measurements were performed with more than
two elements. An overview of the measurements can be found in table 5.2.1 below.

Figure 5.2.1: Shaker excitation at the axle box

5.2 Measurement of transmission paths

Position:
Axle box
Bogie frame
Sole bar
Vertical damper above
Vertical damper below
Yaw damper above
Yaw damper below
Lateral damper above
Lateral damper below
Air spring above
Air spring below
Traction link above
Traction link below
Anti roll bar above
Anti roll bar below
Above bogie 1
Vestibule 1
Internal floor
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Measured quantities:
Acceleration: Sound
pressure:
x, y, z
x, y, z
x, y, z
x, y, z
x, y, z
x, y, z
x, y, z
x, y, z
y
x
x
z
-

Forces:

Configuration: connected
1 2 3 4 5 6 7 8
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z
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x
x
-

x
x
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x
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x
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x
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-
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x

x
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-
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-

-

-
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-
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-

x
x
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x
x
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x
x
x

x
x
x

x
x
x

x
x
x

x
x
x

x
x
x

9
x
x
x

x

x
x
x

Table 5.2.1: Connected Elements for different configurations

Figure 5.2.2 shows the bogie with the damper and spring elements of the primary and
secondary suspension and the positions where acceleration and forces are measured. For the
shaker measurements the axle box was excited with a shaker (Fexcitation). Accelerations and
forces were measured at the positions found in table 5.2.1.
Bogie frame

Vertical damper

Fexcitation

Axle box

x

Air spring

Yaw damper

Anti-roll-bar

z
y

x
: acceleration in x, y, z

Figure 5.2.2: Measured forces and accelerations

: force in x

Lateral damper

Traction link
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The principle of the coupled system bogie - car body is shown the figure 5.2.3. Measured
properties of the receiver system are the mobilities M and the transfer functions HPin_p. They
are independent from input values and describe the dynamic behaviour of the receiver system.
The accelerations respectively velocities are measured at the coupling point at the bogie and
the car body. Unknown quantities are the operational forces F at the coupling points. The aim
of the analysis is to calculate the operational forces and the power flow over every coupling
element and to predict the sound pressure level with the transfer functions.
Beside the indirect force method other criteria are used for the analysis of the transmission
behaviour. For the different configurations above the accelerations in the bogie and car body
are compared and transfer functions which describe the transmission behaviour of the
secondary spring are calculated.

H Pinab _ p =

p
Pin _ axlebox

Sound pressure car body

H Pin _ p =
H a _ bf _ cb =

abf

P _ ini
p

Floor
Coupling point
Point mobility M

a fl
F1

Axle box

F2

Fi

Bogie frame

Power transmission paths

Figure 5.2.3: Analysis of the transmission behaviour of the bogie

One characteristic quantity is the transfer function between the acceleration on the bogie
frame and the acceleration of the floor in the car body.
H =

Abf
A fl

(5.2.1)

This transfer function characterises the dynamic behaviour of the secondary suspension over
frequency. Peaks in the transfer function indicate resonances caused by the coupling elements
and the structure properties in the secondary suspension. With a modal analysis it can be
possible to identify the influence of different coupling elements in the secondary suspension
on the structure-borne sound transmission. Beside the transfer function can be used to identify
the fraction between air-borne and structure-borne sound in the car body under running
conditions. If the bogie acceleration, measured during run, is multiplied with the transfer
function the fraction of the floor acceleration caused by structure-borne sound is received.
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The difference between the measured and the calculated acceleration on the floor is caused by
the air-borne noise excitation.
The total power transmission from the axle box to the sound pressure level is expressed in
another transfer function defined as the quotient between the sound pressure and the input
power at the axle box.
H=

Pin _ axlebox

(5.2.2)

p

Using this transfer function, it has to be considered that a significant part of the power is
transmitted over the wheel rail contact.
From the measurement on the uncoupled car body the transfer functions between the power
input at every coupling point and the sound pressure level are known. Therefore, if the power
input over a coupling element is known the sound power level in the car body can be
calculated. Alternatively the transfer function between the input force at a coupling element
and the sound pressure can be used.

H=

Pin
p

and

H=

f in
p

(5.2.3)

The dismounting of elements is a simple method to identify the transmission behaviour of
coupling elements. Ideally all coupling elements except the one which is investigated should
be dismounted. Then the structure-borne sound transmission is only caused by this element.
By repeating this procedure for every element a characterisation of the transmission behaviour
for every element is possible. Beside the fact that it is very time consuming the method has
the disadvantage that some elements can not be dismounted. This is the case especially for run
measurement where the safety has to be assured but also in a shaker measured the air spring,
which carries the weight of the car body, can not be removed. If several elements are mounted
the transmission behaviour of a single element can not be identified explicitly.
In order to measure the structure-borne sound transmission for the operational case when all
elements are mounted the operational forces and the velocities at the coupling point of every
element have to be known. The velocities are received straight forward by using the
measured accelerations at the coupling points. For the determination of the operational forces
at the coupling points the inverse method is applied. The proceeding and the errors which can
occur in the indirect force calculation are described in detail in chapter 3.
In this case six operational forces are calculated using the measured responses at the coupling
points and the mobility matrix of the receiving structure. The mobility matrix is a rectangular
matrix with six columns corresponding to six unknown forces and eighteen rows since
responses were measured at the six coupling points in x, y and z direction.
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This would lead to a 12 times over-determined equation system for the calculation of the
operational forces. Considering the low condition number the forces could be determined with
a relative good accuracy, if bias errors are not considered.
However, due to the limited number of measurement channels and accelerometers the
response was only measured at the vertical damper, the lateral damper and the yaw damper.
Since the accelerations were measured in x, y and z direction in total nine responses are
available for the calculation of 6 unknown forces. This leads to a system which is only three
times over-determined. As explained in chapter 3 responses measured at one position in
different directions have a high degree of linear dependence. This causes small singular
values and bad-conditioned mobility matrices. For the inverse method a measurement of
responses at all six coupling point would have been advantageously since six distinctly nondependent equations would have been received. Besides, the point mobilities in force
directions have the best coherence and dominate the response at one position. They should be
included in the calculation of the operational forces for all coupling points.
For the measurement setup with all elements coupled in the secondary suspension the
responses in x and y directions of the lateral damper mount are inaccurately recorded and can
not be used for the analysis. Therefore, only a one time over-determined system including two
point mobilities in force direction – for the vertical and yaw damper – is received. A reliable
calculation of six operational forces is therefore hardly possible.
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The accuracy of the calculated operational forces can be evaluated in different ways. The best
control mechanism is the direct measurement of operational forces as reference value for the
calculated forces. For this analysis the forces in the yaw damper and the vertical damper were
measured directly using strain gauges. Unfortunately, the forces were inaccurately recorded
for the shaker measurements and can not be used in the analysis. For this reason, a direct
validation of the recalculated forces is not possible.
When no direct measured forces are available, the accuracy of the inverse force calculation
can be validated by recalculating the responses using these forces. Then the recalculated
forces are compared with the originally measured responses. However, the comparison
between measured and recalculated responses does not allow definite conclusions about the
quality of the calculated forces. It has to be considered, that a mathematical correct or
optimized result does not necessarily implicate the physical reliability.
For a quadratic mobility matrix that means for a system where the number of unknown
operational forces and measured responses is equal a mathematical exact response will be
obtained. This doesn’t allow any conclusion about the accuracy of the recalculated forces
since measurement errors or bias errors in the measured responses are not identifiable.
The accuracy of the calculated operational forces can be evaluated only if an over-determined
equation system is used. A measured response which is not used for the indirect calculation of
the forces is compared with the recalculated response. This procedure should be repeated for
all responses since one measured response can be an outlier with a high error.
In order to calculate the forces for an over determined system the least square method is used
as described in chapter 3. The higher the system is over-determined the better will be the
approximation. However, this conclusion is only valid, if the responses have a similar
accuracy. Responses which are strongly corrupted by errors will worsen the result and should
not be included in the calculation.
Before the results of the measurements are evaluated some basic considerations about this
measurement setup are discussed. The measurements were performed with a shaker excitation
at the axle box. Therefore, it has to be considered that in this measurement the wheel rail
contact is not the vibration source from which structure-borne sound is transmitted into the
structure. Instead the structural energy is induced at the axle box and the wheel rail contact
acts as a transmission path over which energy is transmitted into the ground. In order to
understand better the measuring setup and to estimate the fraction of power transmitted over
the wheel rail contact a simple model is regarded (Figure 5.2.4). It consists of three masses
and a stiff floor. The force excites the system at the mass representing the axle box.
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Figure 5.2.4: Rigid body model of suspension

The dynamic equations for the system are calculated as follows:

mab = FSha ker − k1 x1 − d 1 x&1 − k 2 (x1 − x 2 ) − d 2 (x&1 − x& 2 )
mb = k 2 ( x1 − x 2 ) + d 2 ( x&1 − x& 2 ) − k 3 ( x 2 − x3 ) − d 3 (x& 2 − x& 3 )

(5.2.6)

M = k 3 ( x 2 − x3 ) + d 3 (x& 2 − x& 3 )
For the total stiffness of the primary suspension, the secondary suspension and the wheel
estimations have to be used. The values are constant over frequency. The system is excited
with a unit force at the mass representing the axle box and wheel. The results for the
displacements and velocities are shown in the figure 5.2.5. Figure 5.2.6 shows the forces and
transmitted power in the primary and secondary suspension. For the calculation different
stiffness in the secondary suspension are compared: the normal dynamic stiffness for a mean
weight of 120kN given with 390 000 N/m and a test-stiffness 200 000 N/m. Besides, the
influence of the stiffness of the wheel is regarded.
The results show clearly the effect of the primary and secondary suspension. The
accelerations level of the bogie frame relative to the axle box and of the car body relative to
the bogie frame is reduced. Therefore, the suspension leads to a reduction of the power
transmission into the car body.
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Figure 5.2.5: Displacements and velocities in three mass model.
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Figure 5.2.6: Forces and power transmission in the model (with high and low stiffness)

One question is how this transmission is influenced by the stiffness of the secondary
suspension. If different stiffness are used for the secondary suspension the results shown in
figure 5.2.6 are received. As expected a lower stiffness leads to a reduced force in the
secondary suspension. Also the power transmission over the secondary suspension is reduced.
However, the vibration response in the car body does not change significantly. The responses
at the axle box and the bogie as well as the forces at the shaker and in the primary suspension
are not influenced by modifications in the secondary suspension.

5.3 Results for shaker measurements

55

5.3 Results for shaker measurements
For the different configurations the measured accelerations, sound pressure levels and transfer
functions as defined in figure 5.2.3 are compared.
When the responses are compared absolute values should be used carefully. In order to
describe the transmission behaviour of the secondary suspension or the whole bogie, transfer
functions should be used. In general, the same excitation was used for all configurations.
Nevertheless the excitation force at the axle box, the acceleration and the input power into the
system can vary from each other due to changes in the system behaviour. If the shaker force is
compared only small variations between the different configurations are found. As an
example the excitation force for the case with all elements and with only the air spring is
compared in figure 5.3.1. The acceleration at the axle box shows also only small differences
between the configurations. In figures 5.3.2 the accelerations levels for configuration 1 and 8
are plotted.
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Figure 5.3.2: Acceleration at the axle box for
configuration 1 and 8

Therefore, also the power input in the bogie should be relatively constant for all the
measurements. For the example comparing configuration 1 with the air spring and
configuration 8 with all elements mounted a difference of maximal 4 dB is received for the
power spectra of the input powers at the axle box. This has to be considered if the power
transmission at the secondary suspension is compared for different configurations. A
possibility would be to calculate the transfer function between the input power at the axle box
and the power transmitted over the secondary suspension into the car body. However, the
difficulty is that an unknown fraction of the input power is lead over the wheel-rail contact
into the floor.
If the acceleration of the bogie frame is compared for the different configuration only
marginal differences are found. This is explicable since the acceleration in the axle box differs
very little and no changes are performed in the primary suspension. Therefore, the absolute
acceleration level of the car body can be used as a measure of the transmission behaviour for
different configurations. The acceleration in the car body floor is a suitable quantity since it is
usually related to the sound pressure level in the car body. For many vehicles the car body
floor is the dominating source which radiates most sound power.
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Figure 5.3.4: Acceleration at the bogie frame for
configuration 1 and 8

For the accelerations of the car body floor significant differences appear between the different
configurations due to changes in the dynamic behaviour of the secondary suspension. By
comparing the accelerations levels in the car body the contribution of the different coupling
elements on the total sound pressure transmission is evaluated. In the first measurement only
the air spring (as) is mounted in the secondary suspension. It is assumed that this leads to the
lowest acceleration level in the car body while the configuration with all elements connected
leads to the highest acceleration level. In figure 5.3.5 the power spectrum of the acceleration
in the car body floor in shown for these two configurations which will be used as reference for
the other measurement. Besides, the sound pressure level and the transfer function are given.
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Figure 5.3.5: Acceleration in the car body floor and transfer function for configuration 1 and 8.

It can be seen that a peak of the transfer function at 140 Hz appears in both configurations.
Other significant peaks appear only for the configuration with all elements connected.
Apparently, the air spring provides a good damping for structural vibrations and has a low
contribution on the sound transmission in a frequency range between 200 and 700 Hz.
If the vertical damper (vd) is connected in the second configuration, the acceleration level of
the floor increases. Most significant are peaks at 40, 60 and 75 Hz with an increase of the
amplitude up to 10 dB. At higher frequencies the acceleration level increases only lightly. The
results are shown in figure 5.3.6.
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The yaw damper (yd) has the highest contribution of all coupling elements. Over the whole
frequency range increases of more than 10 dB appear. Significant are peaks at 40, 75, and 130
Hz and an increase over the whole frequency range between 350 and 500 Hz. At low
frequencies the accelerations reach the level of the configurations with all coupling elements
mounted.
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Figure 5.3.6: Acceleration in the car body floor for the configurations 2 and 3 (a_ref = 1)

In figure 5.3.7 the effect of the traction link and the anti-roll bar are shown. The contribution
of the traction link on the overall structure-borne sound transmission is marginal, only leading
to an increase of the acceleration at the peaks at 140 and 195 Hz. The anti-roll bar seems to
contribute mainly at high frequencies above 300 Hz leading to 10 dB increase of the power
spectrum.
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Figure 5.3.7: Acceleration in the car body floor for configurations 4 and 5 (a_ref = 1)
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It has to be considered that the resonance frequencies are not only caused by the coupling
elements but also by the dynamic behaviour of the whole vehicle structure.
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Figure 5.3.8: Acceleration in the car body floor for the configurations 5 and 6. (a_ref = 1)

If the lateral damper is added no significant increase of the acceleration level can be found.
Instead the level is reduced at some peaks (130 Hz, 330 Hz).
If the yaw damper is connected in configuration 7 (shown in figure 5.3.9) the acceleration
level increases and reaches nearly over the whole frequency range the level of the operational
condition, when all elements are mounted in the secondary suspension.
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Figure 5.3.9: Acceleration in the car body floor and transfer function for configuration 1 and 8.
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With the accelerations at the bogie frame and the car body, the transfer functions are
calculated. These transfer functions describe the behaviour of the secondary suspension
independently of the input. If a linear behaviour is assumed, the transfer functions of different
coupling elements can be added in order to get the total transfer function for a configuration.
In the same way the transfer function for one element can be determined if several coupling
elements are mounted in the secondary suspension. For example the transfer function of the
vertical damper is calculated by subtracting the transfer function of configuration 2 including
the air spring and the vertical damper with the transfer function of configuration 1. In this way
the transfer functions of all elements are calculated.
H as = H config1
H vd = H config 2 − H config1
H yd = H config 3 − H config1

(5.3.1)

H tl = H config 4 − H config1
H arb = H config 5 − H config 4
H ld = H config 6 − H config 5

Figure 5.3.10 and 5.3.11 show the calculated transfer functions for every coupling element.
The result received from the comparison of the accelerations levels in the car body is
confirmed. The yaw damper has the highest transfer function dominating the structure-borne
sound transmission over the whole frequency range. Also important for the transmission
behaviour are the lateral damper with peaks at 140 and 170 Hz and the anti-roll bar for
frequencies above 300 Hz. At some frequencies (140 Hz up to 200 Hz) the air spring
contributes strongly.
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Figure 5.3.10: Transfer function for every coupling
element (narrow band)
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element (bandwidth 100 Hz)

In order to verify the assumption that the transfer functions can be superposed linearly the
calculated sum of all transfer functions is compared with the measured transfer function for
the operational condition when all coupling elements are mounted. Figure 5.3.12 shows that a
good agreement is achieved and that the calculated transfer functions for every element are
reliable.
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Figure 5.3.12: Measured (All elements) and calculated (sum) transfer function for the secondary
Suspension

The forces are calculated using the indirect method. In configuration 1 only the air spring is
mounted in the vertical damper. Thus, the structure-borne sound is only transmitted over one
element. The mobility matrix is reduced to a vector since all forces except the force at the air
spring are zero.
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(5.3.2)

For the determination of the force an 8 times over-determined system is received. The
calculated force is the least square solution to this problem
Figure 5.3.13 shows the calculated force in the air spring for 3 cases. One fore is calculated
with the point mobility meaning that only the measured velocity at the air spring is used for
the calculation. Since the velocity could not be measured directly at the air spring the velocity
at the vertical damper mount and the transfer function between the vertical damper and the air
spring is used. For the second calculation all nine response velocities are used and the force is
calculated as a least square optimisation. In order to evaluate the quality of the measured data
the force is calculated separately for every mobility.
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Fas3 =

M as ,ld _ y

Vld _ z
M as ,ld _ z

etc.

(5.3.3)
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Figure 5.3.13: Calculated force in the air spring
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The operational forces calculated with the transfer mobilities according to 5.2.14 show
extreme differences. The force calculated with the least square method will be thus an
approximation with a low accuracy. Results calculated for transfer functions with a good
coherence are more reliable. In order to understand this bad result the coherence between
measured responses is regarded. Since all response are caused only by one force a high
coherence as it is found for the mobility measurement is expected. Instead the coherence
between the measured responses is very low for most of the frequencies. Figure 5.3.15 and
5.3.16 show the coherence between the vertical and the yaw damper for shaker excitation at
the air-spring mount and excitation due to the air spring.
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spring excitation

Since no structural changes have been made and the response is measured with the same
accuracy, the source must be responsible for this result. Low coherences between two
response points indicate that several sources contribute to the response. An explanation could
be that the air spring applies a distributed force over a wide surface while the in the shaker
measurements a point force is applied. It can be assumed that the connection is point-like
when the contact dimensions are substantially smaller than the governing wavelength.
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For the air spring the dimension of the contact is relatively large demanding an estimation of
the wavelength. As described in the introduction part about structure-borne sound the phase
velocity of bending waves depends on the frequencies. In reference [7] the dependence of the
wavelength on the frequency is given for steel plates of different thickness. For a frequency of
1000 Hz and a thickness of 10 mm the wavelength is 30 cm. This result might explain the
decline of the coherence. The wavelength is of the same dimension as the contact surface. The
contact surface will not move in phase and can not be described by a point source.

Supporting surface
Air spring

Figure 5.3.17: Excitation at the air spring

The condition number of the mobility matrix is relatively low. For this highly overdetermined system the errors are not caused by an ill-conditioned matrix and the
regularisations is not suitable to improve the result. For the second configuration the force in
the vertical damper and in the air spring are calculated. With nine measured responses a 7
times over-determined system is received. The force received by the point mobility,
neglecting the influence of the other force, is compared with the force calculated with an
over-determined system (figure 5.3.18 and 5.3.19).
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Figure 5.3.20: Power transmission over air spring
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Figure 5.3.21: Forces in the air spring and
vertical damper

From chapter 5.1 (figure 5.1.21), it is known that the transfer mobilities can not be neglected
for both elements the vertical damper and the air spring. From figure 5.3.22 it can be seen that
the condition number for this 7 times over-determined system is relatively low. Such as for
the first configuration, errors caused by the singular values and a bad conditioned matrix will
not have a high relevance on the results. For the same reason the regularisation is not adequate
to improve the result. Figure 5.3.23 shows the sum of the errors for the recalculated velocities.
As described in chapter 3 the accuracy of the result is validated by recalculation a response
which is not included in the force calculation and provides as an optimisation criterion. This
is repeated for every response point in order to find the optimal regularisation parameter.
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Figure 5.3.22: Condition number for the 7 times
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Figure 5.3.23: Error sum of recalculated
velocities

If the measured and recalculated responses are compared relatively large differences are
found. Although the system is well conditioned the accuracy of the calculated forces is low.
Bias errors caused by changes in the receiver system or positions of accelerometer can be the
reason. A difficulty mentioned at the beginning of this chapter is, that the receiving structure
has to be supporter in the mobility measurement. It is not possible to provide free boundary
conditions as it is required in order to get optimal results.
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The result for the third configuration with the yaw damper connected is of special interest
since it is found from the analysis of the acceleration levels, that the yaw damper has the
highest contribution of the structure-borne sound transmission. Figure 5.3.25 shows the force
for the yaw damper for a simplified calculation using only the response at the excitation point
and for the calculation with all responses. The result received in chapter 4 is confirmed. The
transfer mobilities have a low contribution on the responses and the simplified calculation is a
good approximation.
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Figure 5.3.24: Force in the air spring
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Figure 5.3.25: Force in the yaw damper

For the air spring (figure 5.3.24) the contribution of the transfer mobilities should not be
neglected. At several frequencies significant differences between the force calculated with all
responses and the force determined only by one transfer mobility appear. For frequencies up
to 200 Hz the force of the air spring and the yaw damper have the same level. Above 200 Hz
the force in the yaw damper is reduced substantially and is around 20 dB lower than the force
in the air spring (figure 5.3.26). Due to the significantly higher point mobility of the yaw
damper mount the difference in the transmitted power is lower (figure 5.3.27).
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For configuration 4 with the air spring and the traction link mounted the following results are
received. Since no response is measured at the traction link the force is only calculated with
the system including all mobilities. For the air spring the previous comparison is made. Figure
5.3.28 shows that the force in the air spring is higher for most of the frequencies.
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Figure 5.3.28 Forces in traction link and air-spring for all responses

In order to calculate the operational forces for configurations 8 when all coupling elements
are mounted in the secondary suspension the responses at 7 positions are used. Velocity are
measured at the vertical damper and the yaw damper in x, y and z direction and at the lateral
damper in z direction.
Since operational forces in 6 coupling elements have to be calculated a one time overdetermined system is received. This can cause serious problems in the quality of the results
since no optimisation in the least square sense is applicable.. If a non-over-determined system
is used the measured velocities will be reproduced exactly. For an evaluation of the accuracy
responses which are not included in the calculation of the forces have to be used. As
explained in chapter 5 this is the concept of the cross-validation method of the Tikhonov
regularisation.
Figure 5.3.29 a-d shows the operational forces calculated with the indirect method using the
one time over-determined system. This result is compared with the force calculated only with
the point mobility. For the yaw damper (d) marginal differences appear so that the
contribution of the transfer mobilities is negligible. The same result was received in chapter
5.1. For the vertical damper (c) relatively high differences appear for frequencies between 200
and 400 Hz and around 600 Hz. Otherwise the point mobility allows a relatively good
approximation. For the test excitation with a unit force vector the transfer mobilities have a
significant contribution. Therefore, the result indicates a high force level at the vertical
damper compared to the other coupling elements. The result for the lateral damper (a) has to
be treated carefully. Due to a measurement error the response in force direction can not be
used for the calculation. Instead the force is calculated with the mobility function in z
direction, which has a lower coherence.
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Figure 5.3.29: Forces at the lateral damper (a), the air spring (b), the vertical damper (c) and yaw
damper (d) calculated with the point mobility and all responses

In figure 5.3.30 and figure 5.3.31 the forces in the coupling elements calculated with the one
time over-determined system are plotted. The result shows a noticeable low force for the yaw
damper corresponding to the result of the third configuration. Also the result for the vertical
damper shows the same characteristic as in configuration 2. Between 200 and 400 Hz the
force in the vertical damper is up to10 dB below the air spring force.
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In order to evaluate the accuracy of the calculated forces the condition number of the mobility
matrix is considered. It indicates that the mobility matrix is relatively bad conditioned
requiring the application of a regularisation method. The reason for the bad conditioning is
explained in chapter 3. Responses from only three coupling points are considered in the
calculation leading to a relative high degree of linear dependence in the mobility matrix.
Because the system is one time over-determined the Tihkonov regularisation can be used. In
figure 5.3.33 the sum of the errors between the measured and the recalculated velocity, which
is not included in the force calculation, is compared. By using a regularisation the error can be
reduced significantly. Figure 5.3.34 a-d shows the measured velocity for the response point
which is not included in the force calculation and the recalculated velocities with and without
regularisation. By choosing the optimal regularisation parameter the result can be improved
for every response point. However, the recalculated velocities differ much from the measured
values.
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Figure 5.3.32 Condition number for the one time
over-determined system
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Figure 5.3.33: Sum of errors for recalculated
velocities

If the forces are calculated with the regularisation the results shown in figure 5.3.35 are
obtained. Together with the measured or recalculated velocities or the point mobilities the
power transmission over every coupling element is calculated. It has to be considered that the
results for the transmitted power can be strongly corrupted by errors. First of all the
calculation of the operational forces has a high incertitude. Since the velocity is measured
only at two coupling elements in force direction, the vertical and the yaw damper,
recalculated velocities have to be used for the other coupling points. This can introduce
enormous errors in the calculated power.
If the velocity and the force are measured directly, the transmitted power is determined with a
high accuracy and can be used as a reference for the calculated value. As described in chapter
4 both the velocity and the force were measured directly for the yaw and the vertical damper.
But it came out, that the force signal was not recorded correctly. For this reason, the result for
the calculated forces and sound powers can not be validated from the measurements.
In contrast to the results received from the analysis of the transfer functions of the secondary
suspension, the yaw damper has the lowest contribution to the power transmission. The
highest contribution is received for the lateral damper, and the traction link.
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Figure 5.3.34: Tikhonov regularisation: measured and recalculated response for point which are not
considered in the force calculation
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For the calculation of the operational forces in the vertical and the yaw damper the complex
stiffness method is used alternatively. The forces are calculated with the measured complex
dynamic stiffness and the displacements above and below the coupling element. For the
vertical and the yaw damper the stiffness were measured in a test rig at KTH (figure 5.3.37).
The forces calculated with the complex stiffness correspond to the result received for the
acceleration transfer functions. Up to 700 Hz the yaw damper has a significantly higher level
than the vertical damper (figure 5.3.38).
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Figure 5.3.38: Calculated forces in the vertical

and yaw damper

If the result of the complex stiffness method is compared with the forces calculated with the
indirect method, the following results are received. For the vertical damper both methods lead
to a similar result over a wide frequency range. Both methods seem to provide reliable results.
Instead, for the yaw damper large differences appear over the whole frequency range. The
indirect method underestimates the force in the yaw damper enormously.
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Figure 5.3.39 Force in the vertical damper for
indirect and complex stiffness method
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5.4 Measurement under test runs
Up to now the experimental analysis of the structure-borne sound transmission was restricted
to the standing vehicle. The bogie was excited with a shaker at the axle box and accelerations
were measured in the bogie and car body in order to describe the transmission behaviour of
the coupling elements. The advantage of this experiment is the possibility to dismount all
coupling elements of the secondary suspension beside one so that the transmission behaviour
of single coupling elements can be measured. Only the air spring which is carrying the car
body has to be mounted all the time. Due to safety reasons this is not possible under run
conditions. However, the excitation with the shaker differs from the excitation caused by the
wheel/rail contact in the running vehicle. The excitation level of the shaker is lower and only
excitations in vertical direction are considered. For the running vehicle high displacements
appear in the low frequency range determining the dynamic behaviour of the vehicle. Beside
the excitation is more complex including excitations in z and y direction. Therefore,
measurements were performed under test runs. These measurements were not only done due
to acoustical investigations but mainly for the investigation of new components in the Regina
250. The running performance of the new bogie without active steering was measured.
Before a new vehicle is allowed to go into service the safety and a sufficiently driving
comfort has to be proved. The criteria used for this verification are accelerations in the bogie
and car body and forces in the wheel rail contact. An important measure is the relation
between the wheel rail forces is y and z direction. If this so called derailing coefficient
exceeds a limit value, the safety against derailing is not guaranteed anymore. Forces in y
direction are compared to the forces in z direction so large, that the wheel flange can climb up
along the rail.
Another important criterion is the amplitude of the periodic sine movement of the wheelsets.
It depends on the stiffness of the steering arm between the bogie frame and the axle box. The
stiffer the primary suspension is in x direction the better suppressed is the yaw movement
around the vertical axis. However, the radial adjustment of the wheelset will become worse
due to a stiff suspension.
From an acoustic point of view not only the structure-borne sound transmission in the vehicle
but also the pass-by noise are important. The effect of different configurations on the
structure-borne sound and the pass-by noise are analysed. The most important effect on the
pass by noise is expected from the use of a bogie skirt along the bogie. Three different
configurations were tested: The front bogie is not covered with a shirt, the bogie is covered
with a half shirt and the bogie is covered with a full shirt which covers nearly the whole
wheel. Measurements were made for different velocities and for the case that the modified
bogie is either at the front of the train or at the back. Figure 5.4.1 shows the full skirts with the
upper and lower part.
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Upper skirt

Lower skirt

Figure 5.4.1: Full skirt with the upper and lower part

Trackside measures for the reduction of pass by noise are the use of noise shields along the
rails and rail dampers at the rails. Noise shield reduce the radiation of air borne sound which
is mainly caused by the rolling noise. The noise barriers used along railway lines today are
usually relatively high and positioned in a large distance to the rail. During the measurements
new developed barriers were tested which are directly mounted at the rails. Compared with
the conventional barriers they have a lower height and are positioned closer to the rail. The
idea is to uses these trackside barriers together with bogie skirts, so that the whole bogie
region with a high noise radiation can be covered.

vehicle skirt

wayside barrier

mounting for
the barrier

sleeper

Figure 5.4.2: Vehicle skirts and wayside barriers
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Rail dampers were mounted on the rails and absorb vibration energy of the rails. Due to this
the noise radiated by the rails is reduced.
Concerning the structure-borne sound the effect of the vertical damper was the main interest.
Two different types of vertical dampers with a higher and lower stiffness of the rubber
bushing at the fasteners were tested. Beside, test runs were made without vertical damper.

Rubber bushings

Figure 5.4.3: Vertical damper

During the first week test runs were performed on the railway track between Västerås and
Stockholm where maximal speeds of 250 km/h were reached. Later velocities up to 280 km/h
were reached on the line between Stockholm and Göteborg.
For the pass by measurements a microphone array and single microphones at different
distances from the track were used. For the acoustical measurements in the train
accelerometers and microphones were positioned in the bogie and car body. This included
accelerometer at the coupling points of the vertical damper, the yaw damper and the lateral
damper in x, y and z direction. Beside, accelerations were measured in the axle box, the bogie
frame, the sole bar and at several positions in the car body. Microphones were installed at two
positions in the bogie cavity of the bogie which was equipped with a bogie shirt. This was
done to measure the effect of bogie skirts not only on the pass by noise but also on the noise
in the train. Another microphone was positioned below the gangway between the two
coaches. Since the noise level in the passenger compartment is more important for the comfort
of the vehicle several microphones were installed in the train. Measured positions were above
the bogie, in the vestibule, in the gangway, above a bogie in the middle of the train and in the
driving cab.
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5.5 Results for run measurements
Considering the transmission of structure-borne sound the measurements with different types
of vertical dampers and without vertical dampers are of interest. As described in chapter 5.4
different types of dampers with different stiffness of the bushings were used. With the
measured acceleration levels in the bogie frame, the car body and at the coupling points of the
vertical dampers the effect is judged.
In the following results of the measurements are presented. As an example the measurement
results for a test run with 275 km/h with normal vertical dampers between Skövde and
Törreboda are shown.
In figures 5.5.1 and 5.5.2 the measured sound pressure level are compared. The results are as
one can expect them. The highest sound pressure level appears below the car body, while the
lowest values are measured in the passenger compartment. Besides it is noticed, that the
sound pressure level in the gangway is about 10dB higher and that the sound pressure level in
the vestibule near the doors is around 5 dB above the level in the seating area.
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The power spectrum of the forces (figure 5.5.4) shows significant differences between the
vertical and the yaw damper. Over the whole frequency range the force level of the yaw
damper is up to 10 dB above the level of the vertical damper. This corresponds to the result
for the transfer functions received from the shaker measurements. The yaw damper has a
significant higher contribution to the structure-borne sound transmission. Difficult to explain
is the difference between the forces of the right and the left damper which appears both for the
vertical and the yaw damper but are most apparently for the vertical damper. Unsymmetry due
to the mounting of the motor and the gear could be an explanation.
In order to evaluate the quality of the measured forces the coherence between the force and
the acceleration is an important instrument. For the run measurements the application is
problematical since the force and the acceleration signal are recorded on different records
which are not synchronized. The differences between the right and the left side are also
apparently in measured accelerations at the vertical and the yaw damper which are shown in
figure 5.1.3.
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4HN015 power spectrum: acceleration

4HN015 power spectrum: force
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Figure 5.5.3: Accelerations at the coupling point
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Figure 5.5.4: Measured forces

The calculation of the operational forces for all coupling elements with the indirect method is
not possible for the run measurements, because the response is only measured at the vertical
and the yaw damper. For the calculation of six unknown operational forces at least 6
responses are needed. However, the forces in the vertical and the yaw damper can be
calculated using the point mobility and the measured velocity at the coupling point. Thereby
an error is introduced in the calculated force, since the effect of the other forces on the
measured response, described by the transfer mobilities, is not considered. If the contribution
of the transfer mobilities is low, the force calculated with the point mobility is an adequate
estimation of the real force. Considering the results of chapter 4, this is the case for the yaw
damper. For the vertical damper the contribution of the transfer mobilities is not negligible
especially because the force is lower than at the yaw damper. Since the complex dynamic
stiffness of the vertical and the yaw damper are available, the forces are also calculated with
the differences in displacements above and below the damper and the dynamic stiffness.
In Figure 5.5.5 a-d the measured forces are compared with both the forces calculated with the
point mobility and the forces calculated with the dynamic stiffness method. It has to be
considered that the point mobilities are only measured for one side of the car body assuming a
completely symmetric structure. The results of the measured forces show however a
substantial difference between the damper on the left and the right side.
The measured and the forces calculated with the point mobility show significant differences.
For the vertical dampers differences up to 5 dB appear for frequencies up to 400 Hz. For
higher frequencies a relatively good agreement is received. The complex stiffness method
leads to relatively high error for frequencies above 700 Hz.
The result for the yaw damper is more difficult to understand. Although the point mobility has
a high level compared to the transfer mobilities, the calculated force differs significantly from
the measured force. Differences of 20 dB and more appear over the whole frequency range.
Particularly noticeable is the enormous step of the calculated force at 250 Hz and the increase
for frequencies above 800 Hz. Possible reason for the poor result can be errors in the
measured forces and velocities or high force levels at the other coupling point, leading to a
high contribution of the other coupling points. Again, bias errors in the measured mobility
functions of the car body could be an explanation.
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For yaw damper 2 the complex stiffness method gives a good agreement between measured
and calculated force for frequencies up to 600 Hz.
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(b)
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Figure 5.5.5: Measured and calculated forces for the vertical and yaw dampers

With the measured forces and velocities at the coupling point the power flow over the vertical
and the yaw damper are calculated. The results are shown in figure 5.5.6. For most of parts of
the frequency range the power transmitted by the yaw damper is higher. Between 200 and 400
Hz the power flow through the yaw damper is up to 20 dB above the power transmitted by the
vertical damper.
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These results confirm the results of the shaker measurements. The comparison of the
acceleration levels and transfer functions for the different configurations showed, that the yaw
damper is the dominating transmission path for structure-borne sound. An interesting question
is of course how the result is changed if the vertical damper is dismounted or if soft bushings
are used. Therefore, the results of different test runs are compared in the following. In order to
evaluate the influence of one influence parameter, all other conditions and parameter should
be hold constant. For this reason, test runs performed with the same velocity and the same
type of track are compared. Only the configuration of the skirt changes but the comparison
between test runs with full skirt, half skirt and no skirt show that no influence on the
structure-borne sound transmission is noticeable. Figure 5.5.7 a-d shows the comparison
between the normal vertical damper (4HN015) and the soft vertical damper (7KM012) for a
test run 275 km/h. The measured stiffness for both cases can be found in the appendix. The
result is given in rms values calculated for a bandwidth of 30 Hz.
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Figure 5.5.7: Input power over the vertical and the yaw damper (narrow band and rms value)

For the vertical damper (left: a and right: b) no clear effect on the power transmission can be
noticed. For some frequencies the soft bushing leads to a reduction. But this reduction appears
at different frequencies for the right and left damper and at other frequencies the power
transmission is even higher. An interesting result is obtained for the yaw damper. Although
the yaw dampers are not changed the power level is reduced significantly. It remains the
question if this reduction is caused by changes in the vertical damper or by other unknown
effects. A reduced force level in the yaw damper should lead to lower power transmission
and reduced acceleration and sound pressure levels in the car body.
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If the acceleration level of the sole bar is compared an effect is noticeable. Over the whole
frequency range the rms-value of the acceleration, calculated for 30 dB bandwidth can be
reduced with 2 to 4 dB. Instead, for the sound pressure level above the bogie only a marginal
reduction of one to two dB can be received for some frequencies. The comparison of the
sound pressure level in the vestibule doesn’t show any differences between the two
configurations.
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For some test runs the vertical damper was completely dismounted (3X007). In figures 5.5.10
and 5.5.11 the acceleration and the sound pressure level in the car body are shown.
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Figure 5.5.10 shows that the acceleration level in the sole bar is increased if the vertical
damper is dismounted. For frequencies up to 400 Hz the same result is received for the sound
pressure level above the bogie. Between 100 and 400 Hz the sound pressure is up to 5 dB
higher if the vertical damper is dismounted. However, it has to be considered that also the
configuration of the skirt is changed. For measurement 2KN024 a half skirt is used while for
test run 3XX007 no skirt is mounted. The forces in the yaw damper are not influenced by
these modifications.
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6 Modelling of the transmission behaviour
The Transfer path analysis for structure-borne sound is a suitable approach for the
identification of dominant transmission path in the railway vehicle. It is an experimental
approach which demands that the vehicle is equipped with accelerometers. For a direct
measurement of forces also force transducers are needed. This makes this method relatively
complex and furthermore it is only applicable for already existing vehicles. In order to
consider the transmission of structure-borne sound already in the construction process of the
vehicle simulation tools are needed which allow the modelling and prediction of structureborne sound transmission in a railway vehicle.
For the modelling of high frequency vibrations which is needed for the description of
structure-borne sound several tools can be applicable. The most important requirement is that
these tools give reliable results for frequencies which are most relevant for the transmission of
structure-borne sound. In the following several possible approaches for the simulation of
structure-borne sound are presented.
Finite element models of the vehicle and its components are adequate approaches for the
calculation of structure-borne sound transmission. The resolution of the model that means the
density and size of the elements depends on the frequency range of interest. Since structureborne sound is dominant in railway vehicles up to 500 Hz and higher FE models with a
relative high resolution are needed. This causes large models with a high number of elements.
Therefore, FE modelling should be constricted to important parts or elements of the vehicle.
One interesting approach is the modelling of the coupling points at the car body structure. The
results of the measurements show high point mobilities for several coupling points at the car
body. They lead to high velocity levels and therefore to a high transmission of power into the
car body structure. High point mobilities are caused by the structural design and the
distribution of the masses. Brackets at the car body with a low stiffness and distinct local
modes as well as low stiffness and mass of the carbody at those points where the brackets are
mounted enhance the transmission of structure-borne sound into the car body. FEM can be
used to investigate the effect of design changes at the car body structure.
It has to be assumed, that the dynamic behaviour of the bogie plays an outstanding role in the
transmission of structure-borne sound. Beside the primary spring between the axle box and
the bogie frame and the secondary spring between the bogie frame and the car body, the bogie
frame acts also as a spring. Low acceleration levels at the coupling points of the dampers and
springs of the secondary suspension can reduce the transmission of structure-borne sound to
the coupling elements and therefore to the car body. Coupling elements should be placed at
parts of the bogie frame where the acceleration level is low for the relevant frequencies.
The following figure shows one result of finite element modelling for the Regina 250 bogie.
For the first elastic mode the eigenfrequency is 37.5 Hz and high displacement appear at the
outer transverse beams of the bogie frame. With the FE model eigenmodes were analysed for
frequencies up to 150 Hz.
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Figure 6.1: FEM model of the bogie frame for Regina 250

Another approach which could be used for the analysis of transfer path is the multi-body
model. For the simulation of the dynamic behaviour of railway vehicles several multi-body
system programs exist. At Bombardier, the MBS programme Simpack is used. The
mechanical system is described by masses, joints and force elements like dampers, springs
and actuators. In the pre-processing stage the model is constructed by defining the masses,
inertias and position of the bodies and their connections. The processing includes the setting
up of the equations of motions and their solving with the time-step method.
For the simulation of the vehicle dynamic that means for frequencies up to 20 Hz the use of
rigid bodies in the Simpack model lead to reliable results. At low frequencies the dynamic
behaviour of the vehicle is determined by rigid body modes which are reproduced by the
MBS program.
Since the transmission of structure-borne sound is dominant at frequencies up to 500 Hz the
use of multi-body system models with rigid bodies is not suitable. Instead elastic bodies have
to be used allowing the description of elastic body modes at higher frequencies. For this
application elastic body systems exist which are assembled both with rigid and elastic bodies.
Like in a multi body system the bodies are connected with joints and force elements. By
implementing elastic bodies in a multi body system advantages of both approaches are
combined. Only bodies whose deformation is relevant for the system behaviour are modelled
as elastic bodies with more then six degrees of freedom. In this way accurate results are
obtained despite a relatively low number of degrees of freedom. The build up of the model is
the same like for a rigid body model. The discretisation of elastic bodies is carried out
independently.
Simpack allows the implementation of elastic bodies. For the analysis of the transmission of
structure-borne sound through the bogie a Simpack model with a bogie build up with elastic
bodies is proposed. The first elastic modes of the car body appear at low frequencies and will
not have a significant influence on the transmission of structure-borne sound.
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Of importance are the local modes of the car body at the coupling point of the elements of the
secondary suspension. These local modes are mainly influenced by the stiffness and mass of
the brackets.
In order to simplify the model, it is sufficient to model only one bogie with elastic bodies. The
other bogie and the car body are modelled with rigid bodies. The elastic body modes of the
car body appear at frequencies below 20 Hz and will not have a strong influence on the sound
power transmission. In order to model the local modes of the car body structure at the
coupling point a more complex model is needed.

Figure 6.2: Eigenmode car body
For the bogie three main components are modelled using elastic bodies. These are the
wheelsets, the primary suspension including the link arm and the car body frame. Since the
Regina 250 bogie is bolsterless no bolster beam is needed. The air springs and dampers of the
secondary suspension are directly coupled to the car body requiring the definition of the car
body mobilities at the coupling points.
In order to describe the eigenmodes up to the demanded frequencies, high resolutions of the
FEM models are needed. The properties of the real system which shall be reproduced with the
model define the complexity of the model. For a railway bogie it is an important question if
only vertical dynamic or also lateral and longitudinal dynamics are considered. The first case
allows a significant simplification since the vehicle stands still and a one-directional
excitation is applied at the wheels.
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6.1 Matlab model of the Regina 250 Bogie
For the investigation of the transmission of structure-borne sound an elastic body model of the
bogie is applied. The structure parts which are modelled as elastic bodies are the wheelsets,
the primary suspension including axle box and link arm and the bogie frame. Since the Regina
250 bogie is bolsterless no assembly beam is modelled.

Figure 6.1.1: Elastic multi body model in Matlab

All elastic bodies are modelled as profiles with different shapes. In order to simplify the
description of the moment of inertia only round and rectangular profiles are used. Figure 6.1.2
shows a drawing of the bogie frame. It is assembled with rectangular beams of different
shapes and continuous intersections. At mounts for the air springs, damper, motor and brake
equipment the profiles are fortified and more complex. For the model only rectangular
profiles are used. For the calculation of the geometrical moments of inertia, the profile is
described as an assembling of 4 rectangular profiles. Then the total moment of inertia is
calculated with 6.1.2.
I y1 =

b1h13
bh3
b 3h
b 3h
, I y 2 = 2 2 , I z1 = 1 1 , I z 2 = 2 2
12
12
12
12

I y = 2 ( I y1 + sz21 A1 + I y 2 ) ,

I z = 2 ( I z1 + s y22 A2 + I z 2 )

(6.1.1)
(6.1.2)

Complex shapes of the structure and the intersection between two profiles can not be
modelled. The total mass and the mass distribution shall correspond to the real bogie.
Therefore attachment parts like brake equipment, motors and gears are represented by point
masses. The geometric structure and all parameters of the model can be found in the
Appendix.

Figure 6.1.2: Structure of the bogie frame (side view)

6.1 Matlab model of the Regina 250 bogie

82

Figure 6.1.3: Structure of the bogie frame

The adequate modelling of the coupling elements is an important requirement for the
applicability of the model. If the characteristic of the coupling element is measured as
stiffness over frequencies for defined boundary conditions this data can be used in the model.
Since the air spring and the dampers are designed for the dynamic behaviour of the vehicle at
low frequencies usually no data about the transmission behaviour at high frequencies is
available.
At KTH the complex dynamic stiffness of the vertical and the lateral damper was measured
for frequencies up to 1000 Hz in a test rig. The results are shown in figure 6.1.5. It can be
seen that the stiffness varies enormously over frequency and that a simple description with a
constant stiffness over frequency would not fit the reality.
Coupling elements for which no measurement data exist have to be described analytical. Here,
dampers are modelled as a combination of damper and spring components with constant
stiffness. If no other data is available the stiffness determined for low frequencies has to be
used for the whole frequency range.
Figure 6.1.4 shows the damper model. It consists of the spring/ damper pairs at each side
representing the rubber springs of the bushings. The hydraulic damper itself is described with
a spring and damper in series and one damper in parallel.

Figure 6.1.4: Mathematical description of the damper
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Figure 6.1.5: Measured stiffness of the vertical damper for a soft and a normal stiffness of the bushing.

The air-spring is described only by a constant stiffness. In reality the behaviour is complicated
since it depends on the actual pressure in the spring and the dynamic of the air. Air-springs
are normally equipped with an additional air tank in order to control the pressure and
therefore the height of the car body. Figure 6.1.6 shows a typical design of an air spring.

Figure 6.1.6: Design of an air spring with additional air volume.

At low frequencies the air flow between the spring and the additional volume affect the
dynamic behaviour. Due to the flow resistance in the pipe and the inertia of the air it is
assumed that the additional volume will not influence the dynamic behaviour at high
frequencies. For a correct mathematical modelling of the air spring for high frequencies
experiments are needed which investigate the influence of the pressure and of the additional
volume at high frequencies. The car body is not modelled. However, in order to predict the
transmission of structure-borne sound through the secondary suspension the effect of the car
body has to be included in the model.
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If the bogie has a bolster it is included in the model and the coupling elements of the
secondary suspension are mounted between the bogie frame and the bolster. The bolster is
connected to the car body by some coupling points, with defined mobilities.
The Regina 250 bogie is bolsterless and the coupling elements are mounted directly between
the bogie frame and the car body. Instead of a complex model of the car body, the measured
point mobilities of the car body structure are used. This allows to include the dynamic
properties of the car body in the model.
It is required that the point mobilities are defined at a structure part of the model. Since the car
body is not modelled, short beams, which are not connected to each other, are defined as an
additional structure in the model. The measured point mobilities are defined at these beams.
The coupling elements are mounted between the bogie frame and this “virtual” assembly
beam.

6.2 Validation of the model
Before the model can be used for various simulations it has to be validated. This validation
can be done by comparing the results received with the model with measurement data.
Alternatively the results can be evaluated by using a more detailed model, which describes the
real structure more accurate.
In the following the Matlab model is compared with a more detailed FE model of the bogie
frame. The transmission of structure-borne sound will be strongly influenced by the dynamic
behaviour of the bogie frame. Like the primary and secondary suspension the bogie frame acts
like a spring and a third suspension between the excitation in the wheel/rail contact and the
car body. The dynamic behaviour is described by the eigenfrequencies and eigenmodes of the
bogie frame. Especially at the positions where the coupling elements are mounted the
displacements over frequency are important. Global eigenmodes of the bogie frame and local
modes which describe the dynamic behaviour at this coupling point have to be considered in
the model. In order to reduce the power transmission which is defined by the force and
velocity at a coupling point the elements should be situated at positions with low velocity
levels. The eigenfrequencies and eigenmodes are calculated both for a FE model with a high
resolution and the Matlab model for frequencies up to 200 Hz.
From figure 6.2.1 it can be seen that the eigenmodes of the bogie are described also by the
Matlab model. Only local modes which appear mainly at the outer crossbeams of the bogie
frame can not be reproduced with the simple model since the resolution is not sufficient.
If it is considered that the coupling elements are situated in the middle section of the bogie
these local modes will probably not have an important influence on the transmission
behaviour. The influence of local modes in the bogie structure on the structure-borne sound
transmission is one of the questions which should be investigated in the future. This could be
done by comparing FE models with different resolutions.
Besides, the comparison of the modal analysis for the FE and the Matlab model shows small
differences between the frequencies at which the eingenmodes appear.
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First elastic body eigenmode: 37.5 Hz

First elastic body eigenmode: 37.8 Hz

Second elastic body eigenmode: 70.5 Hz

Second elastic body eigenmode: 68.1 Hz

th

4

elastic body eigenmode: 76.2 Hz

Third elastic body eigenmode: 75.8 Hz
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th

6 elastic body eigenmode: 101.1 Hz

6 elastic body eigenmode: 108.5 Hz

7th elastic body eigenmode: 121.5 Hz

9th elastic body eigenmode: 118 Hz

10th elastic body mode: 152.4 Hz

10th elastic body mode: 173.3 Hz

Figure 6.2.1: Eigenmodes of the Matlab and the FE model
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The most adequate way to evaluate the applicability of the model is the comparison of the
modelled results with measurements for defined test conditions. Measurement results are
available both for a shaker excitation at the axle box for different configurations and for test
runs. Since the shaker allows a well-defined excitation of the structure, the results of the
shaker measurement are used for the first evaluation of the model. Unfortunately, no forces
beside the excitation force in the shaker are measured directly. Therefore, a reliable validation
of the calculated forces using the model is not possible for this test condition. However, the
measured accelerations for the different configurations are compared with the modelled
responses.
One important requirement is that the model and the real structure are exposed to the same
excitation. Since the force in the shaker is measured exactly the same force excitation can be
used for the model. Therefore, the requirement for same excitation conditions is fulfilled.
A first criterion to evaluate the applicability of the model is to compare the point mobility at
the receiving point. Only if the point mobilities show a similar characteristic over frequency
the power introduced to the system will be the same. It has to be considered that the point
mobility depends both on the structure and on the boundary conditions. For the shaker
measurement the bogie is excited at the axle box which is connected relatively stiff to the
wheelset standing on the rails. In the model translative degrees of freedom are blocked.
The power spectrum of the excitation force at the shaker is implemented in the model. It is
shown in figure 6.2.2. In figure 6.2.3 the point mobilities at the axle box are compared for the
real structure and the model. Both in the frequencies of resonances and the level differences
appear. Some trends are visible both in the point mobility of the real structure and of the
model. The significant peaks at 150 Hz, 300 Hz and 370 Hz which appear in the real structure
can be found also in the model. However, they are shifted to significantly higher frequencies.
The peak at 150 Hz is caused by the 10th elastic body mode modelled with the FE model. For
the matlab model this mode appears at 173.3 Hz. For the real structure other peaks and high
difference over frequency for the real structure are difficult to explain and are caused by the
dynamic behaviour of the wheel, the primary suspension and the car body structure.
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Figure 6.2.2: Power spectrum of the excitation
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Figure 6.2.3: Point mobility at the axle box for
real structure and model
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For the shaker measurements the accelerations in the bogie and car body can be used to
evaluate the results of the model. In Chapter 5 the acceleration levels in the car body and the
transfer functions of the secondary suspension are compared for the different configurations.
It was found that the yaw damper has the highest contribution on the structure-borne sound
transmission. At frequencies between 100 and 200 Hz also the air spring plays an important
role. For frequencies above 300 Hz the anti-roll bar and lateral damper contribute
significantly. The vertical damper and the traction link are less important transfer path. In
figure 6.2.4 the transfer functions received from the measured acceleration levels in the bogie
and in the car body in chapter 5 are shown once more. The results allow a ranking of the
coupling elements with respect to their contribution on the structure-borne sound transmission
to the bogie.
transfer function bogie frame-floor

transfer function bogie frame-floor

0
as
vd
yd

-20

8
6

-30

4

-40

2

-50

0

50

100

150

200
250
300
350
frequency [Hz]
transfer function bogie frame-floor

400

450

500

0
[dB]

[dB]

-10

-2

0
tl
arb
ld

[dB]

-10
-20

-4
-6

-10

-40
-50

as
vd
yd
tl
arb
ld

-8

-30

-12
0

50

100

150

200
250
300
frequency [Hz]

350

400

450

500

50

100

150

200

250
300
frequency [Hz]

350

400

450

500

Figure 6.2.4: Transfer function of the coupling elements received from measured accelerations

The main question for the evaluation of the numerical model is if the same ranking of the
coupling elements is received. Therefore, the same configurations which were used for the
experimental analysis are reproduced with the numerical model.
The forces and power flows acting in the model are calculated in the same way as for the
experimental analysis. The velocities at the coupling points which are output values of the
calculation are used together with the point mobilities for the calculation of the operational
forces and the transmitted power. However, it has to be considered that the interaction
between the coupling points is neglected in the model since only the point mobilities are used.
Figure 6.2.5 shows the displacements at the coupling point. With these displacements and the
forces given in figure 6.2.6 the transmitted power for the operational condition with all
coupling elements mounted in the secondary suspension is calculated.
The dominating contribution of the yaw damper is also found for the numerical result.
Otherwise different results are obtained. For the numerical model the hydraulic dampers (yaw
damper, vertical damper and lateral damper) are the dominating transmission paths. Among
these three elements the yaw damper has the highest contribution followed by the lateral
damper.
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Figure 6.2.5: Displacements for the coupling elements
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Figure 6.2.6: Forces for the coupling elements

In figure 6.2.8 and 6.2.9 the acceleration and displacements are shown at the gear box and
above and below the air spring. As expected, the highest acceleration appear at the gear box.
Above the primary suspension the acceleration level is reduced and the lowest acceleration
level is measured above the secondary suspension.
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Figure 6.2.7: Power transmitted over every element
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7 Conclusions and suggestions for future work
For the experimental analysis of the structure-borne sound transmission several measurements
and criteria are used. In the following the results are summarized and compared. In a first
stage the accelerations in the bogie and in the floor of the car body structure are used. The
accelerations are directly measured with a good accuracy and provide a simple validation. For
the stationary vehicle different configurations of the secondary suspension were analysed by
comparing the accelerations in the bogie frame and car body and determining the transfer
functions between these accelerations. It was found out that the acceleration in the bogie
frame is not influenced by modifications of the secondary suspension. In contrast, the
acceleration in the car body depends much on the number and types of coupling elements in
the secondary suspension. As expected the lowest acceleration level is received if only the air
spring is connected. In the following measurements one additional element was connected.
The yaw damper has the dominating contribution on the structure-borne sound transmission
over the whole frequency range. For frequencies above 300 Hz the anti roll bar contributes
also significantly. The vertical damper causes increased acceleration levels only at low
frequencies below 60 Hz. The traction link and the lateral damper are less important for the
sound transmission. With accelerations in the bogie and the car body also the transfer
functions were calculated for the configurations. Assuming a linear system the transfer
function for every coupling element was extracted (figure 5.3.11). Therewith also the
contribution of the air spring is evaluated. For frequencies between 100 and 200 Hz the
transfer function for the air spring indicates a high contribution.
The comparison of the acceleration levels and transfer function provides an indirect
evaluation criterion for the transmission behaviour of the coupling elements. A quantification
of the energy which is transmitted over a coupling element is not possible. It requires the
determination of the operational forces in the coupling element. The straight forward way to
do this is the direct measurement of the forces using strain gauges. For the vertical and the
yaw damper this was done. The disadvantage is that a direct measurement of the forces is
costly and difficult to perform. In this work the forces are calculated indirectly using the
mobility matrix of the receiving structure and the velocity responses measured at the coupling
points. The difficulty of this method is that it requires the inversion of the mobility matrix. A
bad conditioned matrix with small singular values leads to an amplification of errors in the
measured responses and mobility matrices. These errors are random errors which corrupt all
measured values with a stochastic error and bias errors. Bias errors are difficult to estimate
and results from system differences between the measurement of the uncoupled receiver
structure and the measurement of the assembled structure. For the mobility measurement of
the receiver structure free boundary conditions have to be provided. Since the structure has to
be supported in a way errors will be introduced. Especially for a very heavy structure like the
car body the influence of the support on the dynamic response can be significant. This can be
an important reason for bias errors in the calculated forces. The influence of different support
that means different boundary conditions should be investigated in more measurements.
Another disadvantage of the indirect method is the sensibility to measurement errors. In order
to receive a well conditioned mobility matrix some aspects have to be considered for the
experiments. The mobility matrix should include the point mobilities in the main direction of
the acting force for all coupling points.
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These mobilities have a high level and a good coherence. Beside the linear dependence
between different coupling points is low. Thereby the appearance of small singular values in
the mobility matrix can be minimised.
For the calculation of the forces the response in force direction was measured only at the
vertical and the yaw damper. A one time over-determined system is received by using the
responses in x, y and z direction at the vertical and yaw damper and the response in z
direction at the lateral damper. The high degree of linear dependence between this forces
leads to a relatively bad conditioned mobility matrix. Beside, the used transfer mobilities have
a lower coherence compared to the point mobilities in force direction.
For the vertical and the yaw damper the forces are calculated both with the mobility matrix
including all measured responses and with the point mobility in force direction. The results
show a high degree of agreement allowing two conclusions. First, the diagonal characteristic
of the mobility matrix is validated saying that the contribution of the transfer mobilities is
minor. Secondly, it indicates that despite the difficulties described above reliable results are
received for the inverse method. This is however only valid for the vertical and the yaw
damper. The accuracy for the other forces will be worse since no point mobilities are included
in the calculation. For the calculation of the power flow over every element velocities at these
coupling have to be recalculated introducing another uncertainty. A reliable ranking of the
transmission paths is therefore difficult to perform.
The results itself seems to be contradictory to the result received from the accelerations and
transfer functions. The force level in the yaw damper is much lower than the force level of the
vertical damper. Even though the point mobility of the yaw damper is higher, less power is
transmitted over the yaw damper. Unfortunately, no validation of the calculated forces using
directly measured forces is possible since the record of the force signals for the vertical and
yaw damper turned out to be incorrect.
The comparison of the error of the recalculated velocities which are not included in the force
calculation approve the potential of the regularisation for bad conditioned systems. For the
one time over-determined mobility matrix, this error is reduced significantly (figure 5.3.23)
increasing the accuracy of the calculated forces.
Since the complex stiffness were measured for the vertical and the yaw damper in a test rig at
KTH the forces in these two coupling elements are also calculated using the complex stiffness
and the displacements above and below the damper. For the vertical damper the results show
a good agreement between the force calculated with the indirect method and the force
received with the complex stiffness method. For the yaw damper the complex stiffness
method leads to a higher forces level compared to the indirect method. This result fortifies the
assumption that indirect method underestimates the force in the yaw damper significantly.
The third experimental result is received from the measurements with the running vehicle.
The accelerations and sound pressure levels are analysed. Concerning the structure-borne
sound transmission the measured forces in the vertical and yaw damper are of particular
interest. The results show that the forces in the yaw damper are 10 dB above the forces in the
vertical damper. The measured forces are compared with the calculated forces using the
indirect method and the complex stiffness method. A calculation of all 6 operational forces is
not possible since only two responses were measured.
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The indirect method using the point mobility leads to an underestimation of the force in the
yaw damper of around 10 dB. This is remarkable since the point mobility in force direction
shows a good coherence and dominates the response allowing a neglect of the transfer
mobilities.
An important question is how the structure-borne sound transmission is changed for the soft
bushing of the vertical damper compared to a normal bushing. The results of the test rig
measurement performed at KTH shows that the dynamic stiffness of the element is reduced
only for frequencies above 800 Hz. For the run measurements no reduction of the power
transmission is visible for the vertical damper. Surprisingly a reduction of the transmitted
power is measured for the yaw damper which is not changed for the different measurement.
The acceleration in the sole bar and the sound pressure level above the bogie are marginally
reduced for the configuration with soft bushings (1 – 2 dB).
Based on the difficulties which appeared during the analysis of the data some suggestion can
be made how the performance of the experimental transfer path analysis can be improved.
The main disadvantage of is the sensibility to measurement errors. If the matrix is ill
conditioned, measurement errors are amplified. In order to receive a well conditioned
mobility matrix the point mobilities in force direction should be included for the reasons
explained above. In general the quality of the result is improved if over-determined systems
with a high number of responses are used. Finally the direct measurement of forces is needed
in order to validate the calculated forces.
Even if the operational forces are determined with a higher accuracy allowing calculating the
transmitted power over every coupling element, a mathematical description of the coupling
elements stays difficult. The measured transmission of structure-borne sound is caused both
by the dynamic behaviour of the coupling element but also by the dynamic behaviour of the
source and receiving structure. In order to determine the properties of a coupling element
including the stiffness over frequency and the damping experiments with test rigs under
defined conditions should be performed. At KTH this was already done for the vertical and
the yaw damper. This analysis should be performed for the other coupling elements also. The
air spring is one of the most critical elements and contributes significantly to the structureborne sound transmission. Since the force acting in the air spring is difficult to determine with
the indirect method a experimental analysis of its transmission behaviour for defined
conditions is important.

For the construction of rail vehicles the prediction of structure-borne sound transmission is an
important task. Therefore, tools for the simulation of the dynamic behaviour of the vehicle at
high frequencies are needed. In the work the difficulties were discussed and a simple elastic
model for the bogie was presented. The results show however a low applicability of the
model. A main reason is probably the inadequate modelling of the coupling elements. It is
found out that the yaw damper contributes mainly to the structure-borne sound transmission
over the secondary suspension.
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Appendix
A.1 Data measurement
Measurements play an important role in the experimental analysis of transfer paths. The
accuracy of the calculated operational forces and transfer functions depends on the quality of
the measurement data. Therefore, an accurate performance of the measurements is
indispensable.
The measurement chain starts with a sensor measuring a physical quantity and transforming it
into a voltage signal at the output. For acceleration measurements this is done with an
accelerometer, an electromechanical transducer which produces at its out put a voltage or
charge which is proportional to the acceleration. It is based on a piezoelectric element which
is loaded with a seismic mass. If the mass is vibrating due to vibrations of the measured
structure it applies a varying force on the piezoelectric element. For frequencies below the
eigenfrequency of the seismic mass the acceleration of the mass is the same as the
acceleration of the structure. Thus, the output signal is proportional to the acceleration of the
structure. This proportionality is described by the sensitivity. For an accelerometer it is given
in mV/g where g is the gravitational acceleration with approximately 9.81 m/s2.
Under real measurement conditions the output signal can be corrupted by environmental
conditions. One important parameter is the temperature since all piezoelectric materials are
temperature dependent leading to a change in sensitivity. Another parameter can be cable
noise. If the out put of a piezoelectric accelerometer is directly loaded the sensitivity can be
reduced. In order to avoid this, the accelerometer output is fed through a preamplifier which
has high input impedance and a low output impedance. Some of the accelerometers used at
Bombardier are of the ICP type meaning they have an integrated preamplifier. ICP
accelerometer can be connected directly to the measuring and analysing instrumentation. For
accelerometers without an internal amplifier an external amplification is necessary. The
output of the preamplifier is then connected to the measuring and analysing instrumentation.
Both a tape recorder and an integrated system were used. In a tape recorder, in this case a
Sony SIR1000, the time data is saved on a tape using magnetic recording technology. A direct
calculation of spectra is not possible with this. With the other data acquisition system the data
is saved on a hard disk. It has the advantage that post processing operations on the data are
possible. During or directly after a measurement spectra and coherence functions of signals
can be reviewed.
When adjusting the measuring system some things should be considered. Both the output of a
preamplifier and the input of the data acquisition system have a dynamic range, which is
either fixed or variable. For digital data acquisition system the input voltage range is
dedicated to discrete values. For a 16-bit system an input range of for example -5 to 5 V is
transferred to 2^15 discrete numbers with positive or negative sign. In order to receive a good
resolution of the signal the whole input range not only a small part of it should be used.
However, an over steering of the input signal has to be avoided.
For every measurement it is necessary to calibrate the system and to check its performance.
This is done with a calibrator generating a defined signal at the accelerometer. The
measurement system is adjusted, so that the measured signal is equal to the calibration signal.
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A.2 Data analysis
In the measurement the data is measured and recorded as a time signal. The analysis of the
data is normally performed in the frequency range. Therefore, the data has to be transformed.
This is done using the Fourier transformation. The basic idea of the Fourier series is that every
periodic function can be written as a sum of sine and cosine functions.
∞
 2πt 
 2πt 
x(t ) = ∑ a m cos m
 + bm sin  m

 T 
 T 
m=0

(A 2.1)

The Fourier series can be expressed in complex notation also:
∞

x(t ) =
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m

e mωt

m = −∞

(A 2.2)
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1
c m = ∫ x(t ) ⋅ e −imωt dt
T 0

In order to transform a measured time signal in the frequency range the Fourier transform is
used. X(ω) is a complex valued function of the variable f and is defined for all frequencies.
Since the Fourier transform is complex is can be described by its magnitude and phase.
∞

X (ω ) =

∫ x(t ) ⋅ e

− iωt

(A 2.3)

dt

−∞

In a digital measurement system the time signal is sampled at defined time intervals ∆t. The
inverse of this time step is called sampling frequency fS and determines the maximal
frequency of the analysis. Considering the Nyquist-Shannon Theorem, the sampling
frequency has to be at least twice the maximal frequency of the analysis. If this sampling
condition is not satisfied a distortion of the frequency spectrum of the signal called aliasing
can appear. The Fourier Transformation of a sampled signal leads to a periodic repetition in
the frequency domain. The original spectrum is repeated at integer multiples of the sampling
frequency. If the maximal frequency of the signal is above half of the sampling frequency the
repeated spectrum will overlap with the original spectrum. In order to avoid the error caused
by this overlapping an anti-aliasing filter is used which limits the maximal frequency of the
signal.
For the analysis of signals in the frequency range the energy content over frequency is
important. In order to reduce the negative effect of random measurement errors in the
calculated frequency spectra the averaging in the frequency domain is used. The time record
of the signal is devided in blocks and the frequency spectrum is calculated for every block
separately. Then the average of the spectra is calculated. The averaging method based on this
principle is called Welch-method. The frequency resolution of the spectrum depends on the
length T of the time signal block.
∆f =

f
1
= S
T
N

with

T = N ⋅ ∆t =

N
fS

(A 2.4)
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The auto-spectrum is real and positive. It describes the energy content of the signal over
frequency and does not give any phase information. The phase of a signal can be considered
only relative to another signal. Therefore, the cross spectrum (A 2.6) is used.
1 
2
E X(f ) 


T →∞ T

S xx ( f ) = lim

S xy ( f ) = lim

T →∞

1
E  X * ( f )Y ( f ) 
T

(A 2.5)

(A 2.6)

The cross spectrum is complex and contains the phase difference between the signal X and Y.
It can be expressed also as a magnitude and a phase.
S xy ( f ) = X ( f ) Y ( f ) e j (φX ( f ) −φX ( f ))

(A 2.7)

ΦX - ΦY is the phase difference between the two signals.

The aim of the analysis is to compare and quantify the energy content of the signals. Two
quantities which allow a quantification of the energy are the power spectrum and the power
spectral density.
Both quantities describe the distribution of energy over frequency and are related to the rmsvalue of the input power. The difference between the power spectrum and the power spectral
density is the consideration of the frequency resolution. The level of the power spectral
density does not depend on the frequency resolution. An integration over a frequency range
leads to the rms value of the energy content in this frequency range. For the calculation the
values of the power spectral density at every frequency point are multiplied with the
frequency resolution and summed up. The power spectrum is depending on the frequency
resolution. If the values at every frequency point are added the rms-value of the signal is
received. Besides, the amplitude error due to the filtering of the signal is considered in the
power spectrum. For this analysis, a frequency resolution of 1 Hz was used. The results
between the power spectrum and the power spectral density differ only due to the windowing
correction.
In order to describe the transmission behaviour of the system, frequency response functions
are used. They describe the relationship between the input X(ω) and the output signal Y(ω)
for a linear time invariant system. These systems have a number of important properties
which allows the mathematical description of complex systems. The principle of
superposition implies that the results caused by different inputs can be superposed. Another
important properties is that frequencies are preserved meaning that only frequencies
components which are present in the input signal can appear in the output. In the frequency
domain the relation between the input signal and the output signal is described by the
frequency response function defined as:
H (ω ) =

Y (ω )
X (ω )

(A 2.8)
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Depending on the quantities which are related the frequency response function has different
names. If a velocity and a force signal are related to each other it is called mobility function:
M (ω ) =

V (ω )
F (ω )

(A 2.9)

The frequency response function is complex and is defined by its magnitude and phase. In a
Bode diagram magnitude and phase are plotted in different diagrams while the Nyquist
diagram shows both properties in the complex plane.
The transfer function calculated with the Fourier transform or the auto-spectra of the signal
leads to poor results if measurement noise is present. For the calculation of frequency
response functions auto- and cross spectra of the signals should be used. The H1 estimator is
calculated with auto-spectra of the input signal X(ω) and the cross spectra between the input
and output signal.
H1 ( f ) =

S XY ( f )
S XX ( f )

(A 2.10)

The H1 estimator is mostly used since it avoids the error caused by measurement noise at the
output. If measurement noise is present at the input the H2 estimator is preferable. It is defined
as:
H2 ( f ) =

SYY ( f )
SYX ( f )

(A 2.11)

For the case that measurement noise is present both at the input and at the output the H1
estimator will underestimate and H2 estimator will overestimate the frequency response.
In order to analyse the degree of linear dependence between two signals the coherence
function is used. An important application is for example the question if two or more response
signals are caused by one or several sources. The coherence is calculated with the auto- and
cross functions in the following way.
2

S XY
γ (f)=
S XX ⋅ SYY
2

(A 2.12)

Low coherence between two signals can be caused by several effects. Measurement errors due
to noise at the input and output as well as low energy level of the signals cause low coherence.
For system where not all inputs are defined clearly a low coherence can indicate that other
unknown inputs which are not correlated with the measured input are present.
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A.3 Matlab model
Technical data of the Regina 250 bogie:
Track width
Wheel base
Wheel diameter
Mass wheelset

1.435 m
2.7 m
0,84 m
1242 kg

¨¨
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Figure A.3.1: Side view of the Regina 250 bogie
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Figure A.3.2: Side view of the Regina 250 bogie

Modelling of the bogie frame: Types of beams
Beam
Position: Notation:
Width
Height
(m)
type:
(m)
Ra_ep
1
outer traverse beam
0.080
0.088
Rb_ep
2
outer longitudinal beam
0.180
0.168
Rc_ep
3
middle longitudinal beam
0.180
0.280
Rd_ep
4
Inner longitudinal beam
0.180
0.300
Re_ep
5
Inner traverse beam
0.160
0.300
Rf_ep
6
Inner connection beam
0.100
0.300
Table A.3.1: Geometric data for the beams of the bogie frame structure

Thickness
(m)
0.010
0.019
0.014
0.012
0.009
0.009

Thickness
sides (m)
0.008
0.008
0.008
0.008
0.007
0.007

Appendix

99

For the coupling elements both measured stiffness and analytical mathematic models are used.
At KTH the stiffness over frequency was measured for the vertical damper and the yaw
damper in a test rig for defined condtions. For the vertical damper two different stiffness of
the bushings were compared. The results are shown in figures A.3.3 and A.3.4:
x 10
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2
Soft
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3.5

Transfer Stiffness Magnitude (N/m)

Transfer Stiffness Magnitude (N/m)
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1
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600
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Figure A.3.3: Stiffness of the vertical damper
(soft and hard bushing)
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Figure A.3.4: Stiffness of the yawdamper

Both vertical and yaw damper show enormous variations of the stiffness over frequency. The
other coupling elements are described by analytical expressions with constant coefficients
over frequency. The air spring is simply described with a constant stiffness. For the damper an
model consisting of spring- and damper
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A.4 Run measurements
Test runs: Skövde - Töreboda
Run:
Configuration:

Configuration:

Track: down (UIC 60)
V=275m/h

Half skirt
Normal vertical damper
Setup 6 vax
4HN015

Full skirt
Soft vertical damper
Setup 2 vax
7KM012

Track. Upp ( SJ 50)
V=275 km/h

Half skirt
Normal vertical damper
Setup 5 vax
4HN013

Full skirt
Soft vertical damper skirt
Setup 5 comet
7KM007

Test runs: Västerås - Enköping
Run:
Configuration:

Configuration:

Track: upp (UIC 60)
Direction: Enköping
V=250m/h

Half skirt
Normal vertical damper
2KN024

No skirt
No vertical damper
3XX007

Track: down (UI 60)
Direction: Västeras
V=250 km/h

Half skirt
Normal vertical damper
2KN023

No skirt
No vertical damper
3XX012

Track: upp (UIC 60)
Direction: Västeras
V=250 km/h

Half skirt
Normal vertical damper
2KN025

No skirt
No vertical damper
3XX008
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Sound Source Localization on BT train REGINA250
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(BOMBARDIER TRANSPORTATION, BT)
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Johan Johnsson, Robby Lapointe, Ian Fejtek, John Coll, Fassi
Kafyeke
(BOMBARDIER AEROSPACE, BA)

This memo is a summary of work done by BA within the BA/BT collaboration on
microphone array acoustic testing.
Context:
In August 2006, BT conducted a series of microphone array tests on train REGINA250.
This memo reports the results of 6 tests: R105, R308, R503, R506, R705 and R706. Table
1 summarizes the test configurations.
TESTID TRAIN
SPEED INFO4
TYPE
km/h
R105
Regina250
-250 ->Vs Upp, Full Skirt, Leading
R308
Regina250
-250 ->Vs Upp, No Skirt, Leading
R503
Regina250
-275 ->T Ner, Damped, Full Skirt, Leading
R506
Regina250
-280 ->T Ner, Damped, Full Skirt, Leading
R705
Regina250
-275 ->T Ner, No Skirt, Leading
R706
Regina250
-275 ->T Ner, No Skirt, Leading

Table 1 – Test log

Microphone array processing has been done with the in-house BA-software MAPS_v6,
solving the time-based “delay-and-sum” equation. In this document, the sound pressure
levels indicated on each acoustic map are calculated 1-m away from each source.
However, they should be read in a qualitative way as beamforming methods compute
uncertain levels.

Discussion on results:
With/without skirt
The comparison between run R105 and run R308 (Figure 1) exhibits the impact of the
skirt covering the front wheels (Figure 2). A quantitative 3.2 dB can be deduced from

difference of maximum levels when the train is facing the array (W3 [-2 2]m). Additional
information on directivity of sources is given in pages 10 and 14. It shows that the front
wheels radiate noise in all directions, as pantograph noise is mainly radiated in the
forward arc. A frequency breakdown has also been done for these tests (pages 7 and 11).

Figure 1 – Comparison between run R105 (leading skirt) and R308 (no skirt)

Figure 2 – Regina250, with/without front skirt

2/31

With/without track damping
The comparison between run R503 and run R706 (Figure 3) exhibits the impact of
damping added on the track.

Figure 3 - Comparison between run R503 (track damped) and R706 (no damping)

Pantograph tone
A tone has been detected in run R105 only, near the pantograph as shows Figure 4.
Assuming this is an Aeolian tone, with Strouhal number this would be generated by a
cable of about 5-mm diameter.

(a)

(b)

Figure 4 – Pantograph tone, run R105; (a): acoustic map at 3150 Hz; (b): narrowband spectrum
calculated at the pantograph location, compared with calculated background
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Ghosts sources
Many “ghosts sources” appear for each run after the train passes by, especially between
1500 Hz and 2000 Hz (see pages 8, 12, 16, 20, 24 and 28). These sources are not “fake
sources” introduced by the processing. They could be generated by a wheel flat, as the
array detects sources distant by 2.7 m (see Figure 6), corresponding approximately to
π * φ 0.84m = 2.64 m wheel circumference.
Comparison between Figure 5 and Figure 6 reveals a characteristic of the ghost sources.
The technique employed here consists in widening the calculation window. Figure 5
shows that the wheel sources are moving with the train, because the two maps on Figure
5 (a) and (b) are similar. At the opposite, the ghost sources spread between Figure 6 (a)
and (b), proving that they do not move with the train. More investigation should be done
to affirm that these sources remain steady. They might just move at a slower speed too.
About the frequency, the “ghost sources” noise seem to be predominant between 1500 Hz
and 2000 Hz (see Figure 7, red curve).
(If there were a wheel flat, it would hit the rail 26.3 times per second when the train
travels at 250 km/h)

(a)

(b)

Figure 5 – Run R105 at 630 Hz; (a): train is tracked during 6 m-window; (b): train is tracked during
14 m-window
4

2.7 m
(a)

1

2

3

(b)

Figure 6 - Run R105 at 1600 Hz; (a): train is tracked during 6 m-window; (b): train is tracked during
14 m-window

4/31

100
point1
point2
point3
point4

95

Sound Pressure Level [dB]

90
85
80
75
70
65
60
55

500

1000

1500
2000
Frequency [Hz]

2500

3000

3500

Figure 7 – Narrowband spectrum calculated at location 1, 2, 3 and 4 in Figure 6 (a) for run R105

Superimposition bias
The microphone recordings are started with an automatic trigger, when the train passes in
front of the “magic eye”. The trigger distance with respect to the array is known and the
train speed is known too. However, a significant bias of 6.3 m (in average) had to be
applied to superimpose the train contour onto the acoustic maps (see page 31:
“information on processing”). This is a direct measure of the shifting error, due to the
accuracy of the trigger and due to the deflection of sound waves in their propagation
toward the array.
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COMPARISON BETWEEN ALL RUNS

6/31

RUN R105 – frequency breakdown
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8/31
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RUN R105 – source directivity

Before train passes by
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direction
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RUN R308 – frequency breakdown

11/31

12/31

13/31

RUN R308 – source directivity

Before train passes by

Train in front of the array

After train passes by

Window1

Window3

Window5

Train
direction
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RUN R503 – frequency breakdown
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16/31

17/31

RUN R503 – source directivity

Before train passes by

Train in front of the array
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RUN R506 – frequency breakdown
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21/31

RUN R506 – source directivity
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RUN R705 – frequency breakdown
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24/31

25/31
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Before train passes by

Train in front of the array

After train passes by

Window1

Window3

Window5

Train
direction

26/31

RUN R706 – frequency breakdown

27/31
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RUN R706 – source directivity
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After train passes by

Window1

Window3

Window5

Train
direction
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Information on runs
TESTID TRAIN
SPEED
TYPE
km/h m/s
R105
Regina250 -250 -69.4
R308
Regina250 -250 -69.4
R503
Regina250 -275 -76.4
R506
Regina250 -280 -77.8
R705
Regina250 -275 -76.4
R706
Regina250 -275 -76.4

INFO4
->Vs Upp, Full Skirt, Leading
->Vs Upp, No Skirt, Leading
->T Ner, Damped, Full Skirt, Leading
->T Ner, Damped, Full Skirt, Leading
->T Ner, No Skirt, Leading
->T Ner, No Skirt, Leading

July 2006 ArrayMeasurements
Uppdated 8/7/2006
Test
R015
R308
R503
R506
R705
R706

Location Week Time Speed
Lundby W29.1
2.30
250
Lundby W29.3 23.17
250
Götlunda W30.2
8.37
275
Götlunda W30.2 10.21
280
Götlunda W31.2
8.58
275
Götlunda W31.2 11.00
275
Array closest to track:
Loc. Lundby: Track S
Loc. Götlunda: Track W

Upp=Up
Ner=Down
Dir Track
Track
To
Damped
Ep Upp / S
Vs Upp / S
T Ner / E
X
T Ner / E
X
T Ner / E
T Ner / E

Skirt Skirt Skirt
No Half Full
X
X
X
X
X
X

DMB
DMB
Skirt
Skirt
Leading Trailing
X
X
X
X
X
X

Travel direction
towards
DMB Västerås
DMB Västerås
DMB North
DMB North
DMB North
DMB North

Information on processing
xBias applied
SR
grid
Grid pts rSR Samples Focus Track-array center
Trig
to align train contour
(kHz) spacing
nb
(kHz) calculated dist (m)
height (m)
dist (m) and acoustic maps
-5.62
R015
32
0.2 11583
16
923
7.75
2.5
92.8
-5.92
R308
32
0.2 11583
16
923
7.75
2.5
92.8
-7.25
R503
32
0.2 10881
16
840
9.17
2.61
87.3
-6.65
R506
32
0.2 10881
16
824
9.17
2.61
87.3
-6.03
R705
32
0.2 12285
16
840
9.03
2.12
71
-6.17
R706
32
0.2 12285
16
840
9.03
2.12
71
-6.3 avg
About 15 min processing per run
Test

Test
R015
R308
R503
R506
R705
R706

Train
direction
left<-right (x-)
left<-right (x-)
left<-right (x-)
left<-right (x-)
left<-right (x-)
left<-right (x-)

W5 45°
in
out
5.75 9.75
5.75 9.75
7.17 11.17
7.17 11.17
7.03 11.03
7.03 11.03

Calculation windows
W4 30°
W3 0°
W2 -30°
in
out
in
out
in
out
2.47 6.47 2.0 -2.0 -6.47 -2.47
2.47 6.47 2.0 -2.0 -6.47 -2.47
3.29 7.29 2.0 -2.0 -7.29 -3.29
3.29 7.29 2.0 -2.0 -7.29 -3.29
3.21 7.21 2.0 -2.0 -7.21 -3.21
3.21 7.21 2.0 -2.0 -7.21 -3.21

W1 -45°
in
out
-9.75 -5.75
-9.75 -5.75
-11.17 -7.17
-11.17 -7.17
-11.03 -7.03
-11.03 -7.03
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